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DESIGN MANUAL
for

Self-Acting Gas Lubricated Bearings
for Use in Electrically Driven Blowers

I. INTRODUCTION

This manual is a direct outcome of the: requirements
set forth in BuShips Contract NObsr-87522 and is intended
for use in the design of unit type self-acting gas bearings
applicable to electrically driven blowers in the 10 to 500
cfm range. The work of preparing the manual was accomplished
by the Rotron Manufacturing Company with Mr. D, D, Fuller serv-
ing as Tonsultant on gas bearings.

The information contained in the manual has been assem-
bled utilizing the existing available literature for self-
acting gas lubricated bearings. Insofar as possible, the
data has been verified by additional test data accumulated
at Rotron Manufacturing Company.

In its simplist form the construction of a radial, self-
acting gas bearing can be thought of as a plain shaft running
in a very close fitting bore and appears as a relatively simple
problem.However, the clearances between shaft and bore must
be carefully established so as to insure that the two elements
are separated by a gas film during operation. This film carries
the applied load and also acts as a spring with a definite
spring rate. Therefore, besides determining the load carrying
capacity, the problem resolves itself into the determination
of the spring rate and the stability characteristics of the
spring. As we consider the parameters responsible for the
bearing characteristics, such as the pressure distribution in
the gas film, the viscosity of the gas, and the speed and
dimensional considerations, the complexity of the problem be--
comes more apparent.

Before reviewing the general concepts of gas lubricated
bearings, it would do well to define some of the instabilities
and terminology used in gas bearing design.

Self-Acting Bearing: A non-pressurized bearing that oper-
ates on a self induced gas film. 1It is generally temed "hydro-
dynamic bearing” to distinguish it from the pregsurized "hydro-
static bearing”.



Attitude-Eccentricity Locus: The path that the center
of the rotating component follows under different load and
speed conditions.

Syncaronous Whirl: The orbital motion of the center
of the rotating journal-bearing combinations around the
center of the stationary member in the direction of rotation
at a frequency equal to that of the spin speed. If the amount
of unbalance present is small, it is possible to pass through
this natural frequency by increasing the operating speed of
the unit. At this point the spinning component will shift or
invert from its geometrical center to its mass center or more
specifically to its center of gravity. The speed at which
this occurs is called the "inversion point" critical speed or
alternately the "synchronous resonant whirl" critical speed.

Half-Frequency Whirl: The orbital motion of the center
of the spinning member around the stationary member in the
direction of rotation at a frequency of one-half or less of
the spinning or rotational frequency.

As will become apparent in the design section of the
manual, dimensional control of the clearances in a bearing
and the type of loads the bearing must sustain are generally
the key to successful operation of the bearing once the bear-
ing design is established. This points out the desirability
to design a specific piece of rotating equipment around the
gas bearing in order to maintain the desired control within
the bearing. 1In the case of electrically driven air moving
devices, bearing location within the motor, electrical unbal-
ance loads, air impeller location and resultant loads should
be optimized in regard to their effect upon bearing perform-
ance to insure reliability of the equipment.

Use of the Gas Bearing Design Manual

Insofar as possible, all curves and formulations con-
tained in this manual have been checked experimentally either
at Rotron or by the experiments conducted by some of the refer-
enced sources contained at the end of this manual. It should
be understood, however, that experiments are conducted under
ideal conditions with known loads generally applied through the
bearing support center. Some variation in calculated results
can be expected from the need to approximate the value of act-
ual loads as well as from the variation in the true clearance
in the bearing caused by taper or out-of-round conditions. It



is the attempt of this manual to provide the designer

with the latest state-of-the art information on gas bear-
ing design. Some good judgement on the part of the designer
is required when considering his specific application. If
these considerations are understood the manual should be

a very useful guide for initiation of a gas lubricated
blower design. Verification of the design will necessarily
be accomplished by actual test.

The recommended procedure for utilizing the manual is
to follow the order of presentation of the manual, i.e.:
determine bearing size and load capabilities, and then deter-
mine bearing stability characteristics. An example is given
for each computation to assist the designer in making use of
the information., 1Included in the manual is a section on
motor magnetic load influences of a two pole alternating
current motor to assist the designer in predicting actual
loads.

Review of Basic Concepts in Gas Lubricated Bearings

In order to make effective use of this design manual
it is necessary for the designer to understand fully the
basic concepts of gas lubricated bearings. Initially, it
can be stated that a gas lubricated bearing is a type of
bearing that has its running surfaces completely separated
by a film of gas. Even when load is applied to the bearing,
the surfaces are kept out of contact by this gas-film cushion.

As with liquid-lubricated, fluid-film bearings, the gas
film is established by either of two basic actions. The
first is characteristic of self-contained bearings operating
in an open bath of liquid or gas. The relative motion of
the sliding parts themselves, generates a film pressure with-
in the clearance spaces of the bearing and insures separation
of the surfaces and load-carrying capacity. This type of
bearing is called the hydrodynamic (liquid) or self-acting
(gas) bearing.

Figure (1) is an interesting drawing taken from
Drescher (1) and shows schematically this phenomenon of
self-acting pressure generation. An actual pressure trace
for an experimental journal bearing is shown in Figure (2)



taken from Ford, Harris and Pantall (2). Since the vis-
cosity of a gas is relatively low at room temperature,
about 1/50 of that of water or 1/3500 of that of an SAE

10 petroleum 0il, the load-carrying capacity resulting

from this self-generated pressure is likewise relatively
low. If the bearing has to start from rest under a static
load and lift itself off the "ground" so to speak, and be-
come gas borne, unit loads are generally limited to 1 to

2 psi based on the projected area of the bearing. 1f the
load is applied after rotation has been established the
unit load-carrying capacity may reach a practical maximum
of about 10psi, again based on the projected area of the
bearing, although higher values have been reported in labor-
atory test data., Cole and Kerr (3) list average pressures
as high as 26.5 psi.

With the second basic type of bearing, the externally-
pressurized or hydrostatic bearing, the limitation on load-
carrying capacity no longer exists. 1In this type of bearing
high pressure gas is supplied to the clearance space in the
bearing and the surfaces are forced apart as a result.
Limits on load-carrying capacity are dependent therefore
only on the practical limits of gas pressure and gas volume
that are conveniently available. Externally-pressurized
gas bearings have been built with unit load-carrying capa-
cities as high as 50 psi. There is, however, no reason
why this figure of 50 psi cannot be exceeded if necessary.
Since these bearings are not dependent on speed for the
generation of pressure thecy can conveniently establish sepa-
ration of surfaces and carry rated load with no rotation or
sliding. There is always,of course, flow of gas through the
bearing from the high pressure source to the lower ambient
pressure. One of the conditions for successful operation
of the externally-pressurized bearing therefore, requires
that this volume of gas must be constantly supplied. 1In
some applications where relatively high static loads are
involved, hydrostatic gas may be needed only for starting.
After normal operating conditions have been established the
bearing may then continue to operate as a self-acting bearing.

However, in this manual we will consider only the
self-acting gas-lubricated bearing.

Most of the complications that arise in the analysis
and application of gas-lubricated bearings s:em from two
factors, first, the compressibility of the gas and, second,
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Fig. 1 - Self-Acting Pressure Generation in a Journal Bearing. (Ref. 1).

the low damping characteristics of the gas f£ilm. Some of
the bearing characteristics that result and a number of
the problems associated with these parameters will now be
discussed.

When Harrison published his hydrodynamic analysis of
a gas-lubricated journal bearing in 1913, (4), including the
effect of compressibility, his equations showed the effect
of ambient pressure and led to the establishment of a dimen-
sionless group of variables that seemed to be significant
in describing the performance characteristics of gas bearings.

For a journal bearing this was:

2
SUr o faw (I, (1)
Pac? Pa ¢
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Fig. 2 - Experimental Pressure Distribution in a Journal Bearing. 4 x 2 inch Diometer
Bearing Operated By a Radial Clearance, C=0.0012 Inch in Air At Atmospheric
Pressure, (Ford, Harris & Pantall, Ref. 2)

With the usual units, u is the absolute viscosity in
reynes (lb.sec/in.z): U is the surface velocity of the jour-
nal (in/sec); r is the radius of the journal (in.): Py is
the absolute ambient pressure (psia); ¢ is the radial clear-
ance (in.):; and w is the rotational velooity of the journal
(radains/sec.). See Figure (3).

This dimensionless group of variables is designated by
the Greek letter A , (capital lamda), and is termed the
"compressibility bearing parameter”. The same symbol A is
used for similar compressibility bearing parameters for
other types of gas-lubricated bearings.



Fig. 3 - Journal in 360° Full Bearing.

For a thrust bearing the corresponding dimensionless
group of variables is:

Where 1 is the length of the pad in the direction of
motion (in.), h, is the minimum £ilm thickness (in). Other
symbols as defiified above. Please see Figure 4.

For a spiral-grooved thrust plate, A may be described
by:

_ 6uug s
np, (3)



where J is the radial dimension of the plate (in); U the
mean surface speed (in/sec); and h the £ilm thickness (in)
which in this case is a constant. See Figure (5).
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Fig. 4 - Schematic Diagram of Slider Thrust Bearing.

A
QU
=

. HERRING-B0NE SAOOVED 5. SPIRAL SROOVED
Fig. 5 - Grooved Thrust Bearings. (Ref. 2).

It has been shown by Ford, Harris and Pantall, (2),
by Ausman ,(5), and others that these dimensionless para-
meters designated by A are pertinent gas bearing parameters
which define the state of operation of gas-lubricated bear-
ings in a similar fashion to the Sommerfeld variable 8 for
bearings operating with liquids or other incompressible
lubricants.

—
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s = St ()2 (4)

avg

N*' is the journal rotational speed, (revs/sec): Payg 18
the average pressure based on the applied load w, X?vided
by the projected area of the journal, (W/dl), (psi); 4 is
the journal diameter (in); other symbols as before.

The load-carrying capacity of these bearings, as well
as other characteristics, can be expressed as a function of
A ., For example, Figure (6) shows a curve for a journal
bearing at a fixed value of eccentricity ratio ¢, indicat-
ing the general influence of variable ambient pressure.

120

100N R, L a1snn, When load is applied to
a journal bearing the shaft
moves to an eccentric posi-
7%n \\\‘\\ tion within the bearing
“‘N;] clearances, Figure (3). The
eccentricity ratio is a mea-
"r, sure of how much the center
of the shaft 0' displaces
itself from the center of
the bearing 0. Eccentri-
city ratio is defined as
o the eccentric distance e
° ' ¢ divided by the radial clear-
ance c. Or,

3

g

LOAD CARRYING CAPACITY W (M
5§ 8

»
o

vALULS OF

A
. & of Relgtionship Botwoen Loed-
Capeadity W end for o Seil-Acting Gas Lubricoted
Boering. Speed, Vieonity and lccontricty Rote MHeld
stent, Ambiont Prossure Veried. {Eaperimentel Dete
Ford, Morvis & Pantell, Ref. 2). [

il -

00' e
-—.: (5)

n

At light loads and high speeds, with small unbalance,
the eccentric distance is very close to zero or e approaches
0 and consequently ¢ approaches 0 and the shaft is nearly
concentric with the bearing. At heavier loads and lower
speeds the shaft center becomes wmore displaced and when
metal-to-metal contact occurs between the shaft and its
bearing the eccentric distance e equals the radial clear-
ance ¢ and the eccentricity ratio ¢ is then 1. The limits
on the magnitude of eccentricity ratio are therefore be-
tween gero and 1.
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From a consideration of the variables included in 4,
one can gain an understanding of the pertinent parameters
that influence the performance of self-acting, gas-lubri-

cated bearings.

The ambient pressure enters the analysis

since the bearing acts as a pump and like all pumps, the
ratio of its discharge pressure to supply pressure is
limited. Thus a reduced ambient pressure and density
around the bearing will result in a lower maximum pressure

in the film.
acity.

Naturally this means less load-carrying cap-

Speed is also a factor in gas-lubricated bearings as
it is in liquid-lubricated bearings but there is one dis-

tict difference.

In the liquid-lubricated bearing the load

capacity continues to rise directly as the speed increases,

with no limit, assuming constant viscosity of the lubricant.
With a gas bearing, however, although the load capacity does
increase with speed, the rate of increase falls off at high

speed due to compressibility effects, and the load-carrying

capacity approaches a limiting value. At extreme speeds

the load-carrying capacity becomes independent of viscosity

and speed and is only a function of the ambient pressure

surrounding the bearing.
Robinson, taken from (6).

Figure (7) is from Pantall and

In general, dimen-
sionless plots of load-
carrying parameter W'
against A for various
values of eccentricity
ratio may be shown as
in Figure (8), taken
from (2). Design curves
of this type are in-
cluded in the design sec-
tion of this m:aual,

Fig. 7 - Load Carrying Capacity of Self-Acting Gas-Lubricated Journal Bearing

As Inflvenced By Speed.

(From Pantall and Robinson, Ref. 6)
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It will be noticed that for A greater than one, the
plot no longer yields a straight line relationship. The
deviation from the straight line indicates the point at
which compressibility effects begin to exert their influence
It is generally agreed, that for journal bearings, the com-
pressibility and variable density influences are negligible
as far as load-carrying capacity is concerned for values of
A somewhat below 1 and the classical theory for incompress-
ible lubricants may be used, if desired, without incurring
a significant error.

This does not apply to attitude angle however, (angle ¢
of Fig.3), and this will be discussed in the design section.

Another point must be made regarding ambient pressures
in the very low range, approaching those of a vacuum. The
present theory of gas-lubricated bearings assumes that the
gas can be considered as a continuous fluid. This assump-
tion is no longer valid at very low pressures where the
molecular mean free path of the gas becomes comparable in



magnitude to the film thickness in the bearing. when
this happens, effects occur which can no longer be ex-
plained by continuum flow theory. Slip occurs at the
boundary between the bearing surface and the gas. There-
fore, instead of assuming vanishing velocities at the
walls, slip velocities must be introduced. This has been
done by Burgdorfer, (7).

If the ratio of minimum film thickness to mean free
path is called n, it can be shown that for values of n
less than 100 a noticeable effect on bearing pressure and
load-carrying capacity may be expected. A typical graph
is shown in Figure (9) from (7). This graph happens to be
for a slider bearing. A similar condition would exist for
a journal bearing.

Typical values of mean free path at atmospheric pres-
sure, are:

Hydrogen 4.43 x 10~6 inches
Helium 7.32 x 10°% inches
Alr 2.52 x 10"6 inches
Neon 5.20 x 10~® inches

Thus for n = 100 for air at atmospheric pressure, the
film thickness at the entrance to a tilting pad bearing
would be of the order of 2.52 x 104 inches (0.000252 inch).

Such values are not uncommon for self-acting bearings,
even at atmospheric pressure. For low ambient pressures
the effect would be even more marked and should be considered
in any analysis and design for these operating conditions.
This can be illustrated by a table (Table I) taken from (7)
where the ratio of radial clearance to molecular mean free
path was computed for a number of cases as reported by wild-
mann, (8). It can be seen because of either the very small
radial clearances in these journal bearings or because of
the low ambient pressure, the value of this ratio in all cases
is less than 100. ' .

Another and different series of problems is associated
with gas-lubricated bearings because of the low damping pro-
perties of the gas films. Because of this characteristic,
certain dynamic instabilities need to be anticipated and con-
trolled with machinery operating on gas-lubricated bearings.

12



x/f

Fig. 9 - Pressure Distribution for Compressible Fluids Along a Straight
Slider Bearing. (Ref. 7)

With liquid-lubricated bearings these might have been
suppressed or they might have passed by unnoticed be-
cause of the greater damping action of liquids. With
gas-lubricated bearings, however, these possible insta-
bjilities must be investigated, and in most cases design
modifications can be made to avoid them or at least to
mitigate their action.

The various types of these dynamic behavior character-
istics will be described and analyzed in the design section
of this report. The most important instabilities are half-
frequency whirl and synchronous whirl.

IANR 1
Iable of Radial Clearemce
2o MoleculAr Nees Free Path
Nolecular Ratie s Radial
Asbient Neam Pree Clearamce *
Radial Clear. Pressure Asbient Path Nolecular Nean
ke, Bo, (micro-imch) {eeia) geg (micro-inch) Preg Path
1 130 14.7 Alr 2.%2 3.3
2 210 14.7 Alr 2.52 3.3
3 72 14.7 Adrx 2.%2 20.6
S 13% 14.7 Adr 2.52 33.9
S 138 4 AMr 9.26 14.9
L 138 14.7 Beliwm 7.32 16.3
] 138 3 Neliws 33,90 3.7
S 133 14.7 Neoa 5.20 23.6
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II. DESIGN OF GAS~-LUBRICATED JOURNAL BEARINGS

A. load-Carrying Capacity with Static, Uni-Directional Loads

A typical journal bearing is shown in Figure (3). This
is a schematic view with a greatly exaggerated clearance,
running at some angular speed under the action of a load W.
when starting, with solid contact between the shaft and the
bearing at a point directly under the load, the shaft will
start to run up the right side of the bearing. After rising
a few degrees of arc it will enter a region where the gas
comes between the bearing and the journal. Slip will begin.
Then as the journal comes up to speed it will revolve faster
and faster and build up a wedge-shaped film, which will then
place the journal in the position shown in Figure (3).

A polar diagram of film pressures is shown in Figure (3)
representing the positive film pressures in the loaded zone
of the bearing. There will be negative pressures (below
ambient pressure) in the unloaded zone of the bearing which
will also contribute to the load-carrying capacity. These are
not shown in Figure (3).

In general, the pressure generation in the clearance of
a journal bearing is described for liquid lubricants by the
Reynolds' equation, Ref,(9),

3 3
.a_[g_.gﬁp;%(:‘—%g]-;ﬁ[eum (6)

Ix

where is the pressure at any point in the £ilm

is the film thickness at any circumferential
location

is the absolute viscosity

is the surface speed of the journal

is the coordinate in the circumferential
direction

Z is the coordinate in the axial direction,please

see Figure (10)

=

XN

For a gas, the compressibility has to be included. This is

represented by the mass density being a variable rather than
a constant as with the liquid case so that the characteris-

tic equation becomes, Refs. (10) and (1l1),

15
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= g ey

where ¢ is the mass density of the gas.

Fig. 10 - Coordinate System for Journal Bearing.

General Solution for load Capacity

Exact solutions for Equations (6) and (7) cannot be
obtained so that approximate methods have been used to devel-
op design information. The best of these solutions have re-
sulted from the application of digital computer techniques.
The work of Elrod and Malanoski (12) and (13), Elrod and Burg-
dorfer (10), Raimondi (14), Hays (15) and Gross (11l) will now
be presented as ageneral design approach to 360° journal bear-
ings.

Figures (l1) through (15) show the load-carrying para-
meter, W/dlP,, plotted against the compressibility bearing
parameter, A, for various values of eccentricity ratio, ¢c.

W is the applied load, pounds

4 is the journal diameter, inehes
1l is the journal length, inches
Pa is the ambient pressure, psia

A is defined by Equation (1)

¢ is defined by Equation (5)

16



On each sheet is included the table of data from which the
particular figure was drawn. There is one figure for each
1/4 ratio.
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TABLE II

Compressibility Parameter
vs

PO—

Load Parameter for 1/d of Infinity

¢ A W/AlP, ¢ A w/dlp
% — p— P o
0.3 0.05 0.5418 0.4518
0.6 0.09 1.460 0.9967
0.732 0.1 3.643 1.440
1.8 0.14 7.781 1,581
3.0 0.15 - 1.6349
6.0 0.155
12,0 0.156
0.2 0 0 0.8 0 ]
0.962 0.2207 0.2052 0.3039
1.979 0.2914 0.6348 0.9537
4.012 0.3214 2,379  2.447
8.058 0.3302 6.256 3.379
- 0.3335 - 3.6652
0.4 (] 0 0.9 0 0
0.8209 0.4156 0.0715 0.1708
1.859 0.6367 0.2221 0.5933
3.976 0.7534 1.017 2.298
8.110 0.7869 4.246 5.461
- 0.7966 - 6.7234
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Compressibility Parameter

lLoad Parameter for 1[6 = §

TABLE IIIX

vs

€ A w/dlp, ¢ A w/dip,
0.2 0 0 0.6 0 ]
0.5 0.1027 0.5 0.349
2.0 0.2438 2.0 0.969
6.0 0.3001 6.0 1.411
10.0 0.310 10.0 1.49
- 0.3337 30.0 1.557
- 1,625
0.4 0 )
0.5 0.203 0.8 0
2.0 0.564 0.5 0.639
6.0 0.822 2.0 1.880
10.0 0.866 6.0 3.016
30.0 0.9045 10.0 3.257
- 0.944 - 3.66
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TABLE IV

Compressibility Parameter
vs
Load Parameter for 1/d = 2

Lo B e —

-

w/dlp, c A w/dlp,
0 0.4 0 0
0.0194 0.24  0,0831
0.0462 0.6 0.197
0.0794 1.2 0.343
0.120 3.0 0.561
0.136 6. 0.664
0.1594 - 0.7966
0 0.6 0 0
0.0393 0.24  0.141
0.0933 0.6 0.335
0.161 1.2 0.595
0.248 3.0 1.04
0.283 6.0 1.30
0.3335 - 1.6349
0.8 0 0
0.06  0.0641
0.24  0.266
0.6 0.645
1.2 1.16
3.0 2.14
6.0 2.82
- 3.6652
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TABLE V

Compressiblity Parameter
vs
Load Parameter for 1/d4 = 1

P A w/dlpe € A wya1gi
0.1 0 0 0.4 0 0
0.24 0.00902 0.24 0.0413
0.6 0.0223 0.6 0.101
1.2 0.0429 1.2 0.192
3.0 0.0862 3.0 0.386
6.0 0.116 6.0 0.545
2.0 0.131 12.0 0.643
- 0.1594 - 0.7966
0.2 0 0.6 0 0
0.24 0.0186 0.24 0.0770
0.6 0.0457 0.6 0.188
1.2 0.0875 1.2 0.355
3.0 0.176 3.0 0.720
6.0 0.238 6.0 1.047
2.0 0.273 12.0 1,280
- 0.3335 * 1,6349
0.8 0 0
0.06 0.0404
0.24 0.171
0.6 0.428
1.2 0.783
3.0 1.555
6.0 2.276
12,0 2.835
- 3.6652
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TABLE

Compressibility Parameter

vs

Load Parameter for :I.(d = 5

s o O
F-

s BN WKEFOO
[ ]
QOO0 OMNMON

N -
)

o
F

N
tENOWHOO
L ]
OCOO0OONON

w@ggl c A wV&lg.
0 0.4 0 0
0.00288 0.24 0.0141
0.00719 0.6 0.0350
0.0143 1.2 0.0693
0.0348 3.0 0.163
0.0634 6.0 0.288
0.0974 12.0 0.449
0.122 24.0 0.587
0.1594 - 0.7966
0 0.6 o 0
0.00599 0.24 0.0290
0.0149 0.6 0.0721
0.0297 1.2 0.141
0.0717 3.0 0.325
0.129 6.0 0.560
0.199 12.0 0.873
0.252 24.0 1.163
0.3335 - 1.6349
0.8 0 0
0.06 0.0184
0.24 0.0768
0.6 0.201
1.2 0.391
3.0 0.834
6.0 1.342
12.0 1.991
24.0 2.602
- 3.6652
27



Before proceeding with an example we will need
some viscotiy data for air. It should be understood
that knowing the viscosity, the solutions presented in
this report are applicable to other gases as well as air.
Table VII is a summation of data from References (16) and
(17).

TABLE VII

Viscosity Data for Air
Absolute Viscosity in Reyns (lb.sec/inz)x 10 2

Pressure psia-+ 14.7 294 735 1000

Tuw.°?

70 2.65 2,75 2.88 2.95
122 2.86 2.895 2,962 3.02
212 3.18 3.205 3.24 3.275
302 3.465 3.48 3.%0 3.52

Thus the viscosity of air at 70°F and 14.7 psia is
2.65 x 10 ~ reyns.

Figure (16) is a plot of the viscosity data from Table VII,

W1,
u
EH)
.f ne L1
g 1 4 o=t
® 3
» .
nry 1"
1 —
. il
1} i
|— EXAMPLE: Air ot TO°F ond 14.7 PSIA
Pes o visoesity of 2.68 x 10 Reyne
B R S—Y
PRESSURE (PS1A)

Fig. 16 - Absolute Viscosity of Air. (Refs. (16) and (17).
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IaEele )¢ 1aad Capacity for Besrings with A > 1. Suppese
we wished to determine the eperating eceeatricity ratie and miai-
s file thiek foxr & % 1 boaring with the fellewing speei-

ficatiems:
Rotor Weight 0.118 1b.{fexr ene beariag)
spesd 24,000 2PN
Ambient Pressurs 14.7 peia
abricating Pluid Alr
Ambieat Temperature !
Boaring leagth 0.50 in.
Bearing Diameter 0.%50 in.
Beariag Radial Clearance 0.00025 ia.

boaring Calculations:

sefur &’

* = 2,60 x 10" reyns Pig. 126)

o« 244890 , 30 - 2313 rede/sec.

r = 0.2% inches

?, * 14.7 peia

¢ ® 0.00023 iaches
Terstore 4 - SELYRRI0TN 20 2.3 y?
et Lo gialds = 1000 =200

2o Saleexiod s 230 x Mo*

A w278
40
403"
408"
38 Rediel Clearence =0.00028"°
Speed » 24 000 RPN
Lubricent: Air
30 ANr2. 78
Py = 14.7 PSIA
Rotor Weight=0.118 LD.
28
20

| q/l
08
v
/
0 o ot 03 a4 a5 os a7

ECCENTRICITY RATIO €
Fig. 17 - Theoretical Load-Carrying Capacity 360° Journal Bearing.

LOAD APPLIED TO BEARING W (LBS)
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Por 1/d = 1, and 4 = 2.75, in Pigure (14) we may be able to esta-
blish the operating ecceatricity ratio, once we have evaluated
w/dlp, .
W =0,110 1b.
ap, = 0.5 x 0.5 x 14.7 = 3.675 1b,
]
Then 0.118/3.67% = 0.0321
i, -
Then in Pigure (14) with l/dlr. = 0.032] and A = 2,75 we
find that the operating ¢ has a value of somewhere between
¢ =w0.1 and ¢ = 0, Probably a value of ¢ = 0.0%5 is about as
close as it can De estimated.
The ainimum film thickness is then, from Pigure (3)
hg * ¢ [1-¢) (®)
= 0.00028 [1-0.08)
= 0.00028 x 0.9%
= 0,000237%

h, = 0.0002¢ inches

This bearing would need to be checked for at least half-frequency
whirl stability and for the possibility of synchronous vibration
before the design would be considered as complete. (See appropri-
ate sections in manual). If the bearing were subjected to a range
of steady-state loads, as for example if the unit were being sub-
jected to a wide acceleration spectrum, then the performance pattern
could be calculated by assuming different values of W/dlp,, for the
same speed and ambient pressure conditions. Thus, in this case

A = a constant of value 2.75

Assumed Acceleration W(lbs)

Condition,"G's" Resultant w/a1p, ¢
1l 0.118 0.0321 0.05
2 0.236 0.0642 0.075
3 0.354 0.0816 0.1
4 0.472 0.1288 0.15
5 0.590 0.1605 0.2
6 0.708 0.1927 0.24
7 0.8255 0.2245 0.29
8 0.944 0.257 0.31
9 1.061 0.289 0.35

10 1.18 0.321 0.37
20 2.36 0.642 0.58
30 3.54 0.963 0.69

These results are plotted in Figure (17).
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Journal Bearing Solutions for Low Values of A

It can be observed in Figures (1l1) through (15) that
for low values of A , much below a value of one, the prob-
able accuracy that can be ocbtained from the use of these
figures is considerably reduced. It has also been shown
by Pord, Harris and Pantall (2), (Figure 8) that for jour-
nal bearings the compressibility and variable density in-
fluences are negligible as far as load-carrying capacity is
concerned for values of A somewhat below one and the classi-
cal theory for incompressible lubricants may be used.

This has also been shown very clearly by Raimondi (14)
and Pigure (18) is reproduced from his paper.

190 S
INCOMPRESSIOLE
FLUID SOLUTION
€08
o+
= s
(]
- .
]
-
4
g o
) . e 100 1000
COMPRESSIBILITY PARAMETER
g

Fig. 18 - Discreponcy In Lood Capacity Between Theories Based On incompressible
ond Compressible Lubricants. (Ref. 14).

For convenience therefore, and in some instances for
increased accuracy, a solution based on incompressible lub-
ricants may be used. One of the best of these is due to
Hays, Ref. (15). His solution is based on the use of the
Sommerfeld variable, S, Equation (4). For the case ofA+ 0,
we have the following relationships between c¢,1/§, and 1/4
ratio:
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TABLE VIII

values of 1/S vs From Hays (15

A »0
1/d ¢=0,05 ¢=0.1 ¢=0.2 ¢=0.4 ¢=0.6 ¢=0.8 ¢=0.9
0.1 - 0.01 0.042 0.102 0.228 0.710 6.5
0.2 - 0.065 0.165 0.398 0.882 2,625 9.5
003 - 0017 0.363 00870 1.885 5.305 1‘.2
0.4 0.15 0.3 0.625 1.485 3.14 8.352 19.0
0.6 0.25 0.55 1.30 3.019 6.08 14.60 25.5
0.8 0.42 0.9 2.09 4.755 9.18 20.31 31.0
1.0 0.65 1.3 2,92 6.513 12.16 25.25 39.0
1.25 0.9 1.75 3.91 8.56 15.46 30.35 48.0
2.50 1.65 3.4 7.25 15.17 25.33 44.0 59.0
5.0 2.25 4.65 9.52 19.49 31.42 51.85 66.0
10.0 2.95 5.5 10.69 21.69 34.50 55.80 71.0
From Equation (4),

la __.‘5. (_) (9)

s u
c rt N' =3= P -X

onverting 3% Payg = AT

1 w@ 2% c. 2
we have ; L (:)

6 P
multiplying by ¢ and ;‘ we have

a
/ 2 P
s Ve 'r 6 P,
P 2

1.8 ¢ L.

5 = 6"“(2) x dlr. x 12w

1.1 ' ' N

S - ry X W' 12 where W' = le.
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VALUES OF /S (S=Sommerfeld No.)
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Fig. 20 - |/S Plotted Against Eccentricity Ratio for /\. Approaching Zero.
(Data from Ref. 15)
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1
or r R (10)

This provides the relationship between the Sommerfeld num-
ber 8 and the compressibility parameter A.(for low values
of A)

Data from Table VIII are plotted in Pigure (19) and
the lower left hand corner of Figure (19) is expanded in
Figure (20) to permit more accurate evaluation at very low
values of eccentricity ratio e,

Example 21 Let us compute the load-carrying capacity of a
qn—lubrsclm journal bearing for which A is less than one. Alr
at 70 F and 14.7 psia is to be used.

¥ = 2.65x 10 from rig. 16

150 "M

ounces\Pavy = TEyyiyysyu=Ts = 0.89 pei

61.9 in/sec.
= 0.373/2 = 0.1875 in.
Py = 14.7 psia

Compute value of A ., Prom Bquatiom (1),
6#;
Ao,
A = 10.00025)7 x 14.7

A wo0.20)
¥ow the 1/4 ratio is 0.75/0.378 = 2,

Use first rigure (13) which includes the effect of com-
pressibility and for a given A and w/cn. £4ind .

a5, = T ey - 0.060

Then from Figure (13), ¢t = 0.4
™e niniswm film t' icknees, Byuatiom (8), ie

h, =c 1-¢]
* 0.00025 [1-0.4)
=« 0,00028 = 0.6
R, = 0.0001$ ia.
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Next use the Bays solution for incompressible lubricants
corresponding to A*0. Prom Bquation (9)

P 2
- a
3 (0200028 2
s° I.SSIIO';x I To.1e78 )
3 =113
8

Mow in Pigure (19), with 1/8 = 11,37 and 1/4 = 2, we £ind that
¢ w 0.4, wvhich is the same as calculated above from Figure (13).

Incidentally, the alternate form of 1/8 from RBquation (10)
yields

% - H*!.'. where W' = #,. =0,0604 from above.

ax v 4

Therefore

Bl ok
]

= 11.35 the same result as from Bq. (9).

ASapple 3: Ausman, Ref.(18), cites experimental data from
& number of sources. The first is given below from scheinberg.
Data are for an 1/4 ratio of 1.1 and A = 2.8,

Calculated Calculated Calculated

Experimental [3 3 ¢
w/ale, e (1/a=1) (1/d=2) By Interpolation
0.38 0.33 0.4 0.3 0.39
0.588 0.3 0,58 0.44 0.57
0.82 0.62 0.66 0.56 0.65
1.12 0.72 0.78 0.63 0.7¢4

The asgreement is quite satisfactory.

Also from (18) we have data from Sternlicht and Elwell for
A=1,3and 1/4~=1,5,;

Calculated Calculated Calculated

Bxperimental ¢ ¢ ¢
w/aie e (1/4=1) (1/4=3) »y Interpolation
0.11 0.18 0.2% 0.18 0.2
0.26 0.3 0.47 0.32 0.393
0.4 0.38 0.62 0.43 0.528
0.3 0.63 0.60 0.51 0.998
0.68 0.82 0.76 0.63 0.693
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Fig. 21 - Moment Capacity of Full Joumal Bearings. (Ausman, Ref. 5).



Now repeat these last calculations of ¢ using Pigure (19) and the
approach based on incompressible lubricants even thoughA is 1.3
and is higher than the reccmmended limit of one.

Calculated Beperimental
war,  § Pig. 19 ¢
0.11 3.18 0.14 0.18%
0.26 7.%4 0.32 0.39
0.4 11.6 0.46 0.55
0.5 14.5 0.5%3 0.6%
0.68 19.7 0.63 0,82

Mreement is only f4ir, especially at higher values of ¢ .

Moment-Carrying .capacity of Journal Bearing (Over-
hung Static Load)

To estimate the moment-carrying capacity of a full
journal bearing we may use the analysis of Ausman (18).
There is little experimental verification of these pre-
dictions. However, the results may be used to show what
bearing variables are significant in producing a moment-
carrying characteristic.

Figure (21) is reproduced from Ausman's paper. In it
is plotted a dimensionless parameter H, against another
dimensionless parameter which we can call K. This is done
for various values of 1/4 ratio of the bearing.

2
H = :"er (11)
aPa€

!
-

. 12
' k, = coefficient of

fo—f —fe— § —] polytropic expan-
sion of gaseous
lubricant which for

Fig. 22 - Schematic Representation of our purposes is iso-
Jounal Bearing Sustaining thermal air so that
An Applied Moment, M. ka = 1.0

M = moment applied to the bearing (in.lbs)
¢ = misalignment angle or angular displace-

ment of juournal (see Fig.22) radians
Other variables as before.
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l!al. 4: consider a journal bearing with the following
specifications,

= 1-1/8 in.

= 0,375 in,

® 1.63 os.

= 3150 RPN

= 14.7 psia

= 0.000375 ip. )
® 2.65 x 1077 (Air at 14.7 psia & 70°)

=00 EXO-

n - fuuzg

WPac 2
3150 0,37
§ = 622,65 x 10-%[6p)X 2% M 1t
‘ .0x14.7 x 0,000375

H = 0.089)

I Ssubstitute in Equation (1l1) for H,

From Figure (21) we use a linear interpolation for low values of H,

Wow K is given as Equation (12), solving
bl A 2 { for M we have
/ -3
/S
/ K e wkoPur 174
x y/ H ’
0.0267 = 1. . . 1757
0,0267xvx],0x14,7%0.1878x],125 %
L x 0.
N M= 73,48

Thus the moment depends upon the permissible angular misalign-
mnent ¢ between the central axis of the journal and the central axis
of the bearing. One can look at the situation in either of two ways:
by considering the ¢ that would result from the application of a
known monent M, or estimate the maximum angular displacement that
might be tolerated and interpret this in terms of a maximum allowable
moment that might be applied to the journal dbearing.

Por this example let us use the latter approach. Por the
concentric position of the journal in its bearing the film thick-
ness at point B, Pigure (22),will be equal to the radial clearance
e, or 0.,000375 inches. We might then assume a deflection as shown
with a miniaum fila thickness at point A, Pigure (22), of 0.0000S in.
and & maximum film thickness at point ¢ of 0,00070 inches.

The total length of the bearing is 1-1/8 in. so that the angle

to be used becomes
9,0007-0,00003
tan § = 1,128

i
_]— tan ¢ = 0.000378 or very closely,

¢ = 0.0005780 redians

emeeeee | I

L aon*

Now substituting in the equation,

K= 73.48

R = 73.4 x 0.000578
N = 0.,0424 inch lbs.
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B. Evaluation of Friction in Full Journal Bearings

Of interest in some designs is the power loss in the
bearing due to friction resulting from the viscous drag
effects of the gas. In gas bearings the friction is de-
scribed from the friction factor cg which is defined as

follows: M
ol

c; - l!.&‘é‘_"_l (13)

where M, is the friction moment in inch pounds, other sym-
bols the same as before.

The friction moment being considered arises from the
hydrodynamic £ilm forces acting on the journal of a bear-
ing during steady state operation, designated M,. As evi-
denced on Figure (23), when a load W, is appli through
the center of the bearing 0, the reaction load W (which is
equal and opposite to "A) occurs at the journal center 0'
creating a moment equal to WOO' sin ¢. If the lubricant
film in the bearing clearance space is considered a free
body, then the friction moment of the journal acting on
the lubricant film will be M, and the friction moment of
the bearing will be M,. Sun;ing up the clockwise and
counterclockwise moments we have:

ub+w00' sin ¢ = M

3
from Equation (S5) 00' = ¢ ¢ "Mj =M, +Wec sin ¢

It should be noted that the
journal friction is greater than
the bearing friction if friction
measurements are being made through
the bearing. Of consideration also
is the fact that the journal frie-
tion varies with the angle ¢,which
is called the attitude angle of the
bearing or simply attitude, as well
as with the eccentricity ratio ¢.

w,

Fig. 23 - Relationship Between
Bearing Friction Torque und
Joumnal Friction Torque (9).
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The friction loss of a 360° journal bearing is rather
independent of A at values of ¢ up to about 0.5. This
means that for low ¢ the values of friction as obtained for
the case of incompressible lubricants (A * 0) may be used.
This can be seen graphically for example in Figure (24)
which is reproduced from Ref. (12) for the infinitely long
bearing.

Table IX is a compilation of data for the infinitely
long bearing for all values of A up to 8., Values for A =0
were obtained from References (15), (14), and (9).

TABLE IX

Friction Factors for Full Bearings of Infinite Length

€ A CE

0.0 0 1.0
0.2 0 1.09
0.4 0 1.33
0.6 0 1.82
0.8 0 2.87
0.9 (o} 4.30
0.2 0.9622 1.0518
0.4 0.8209 1.2346
0.6 0.5418 1.6536
0.8 0.2052 2.6722
0.9 0.0715 4.0505
0.2 1.979 1.0331
0.4 1.859 1.1528
0.6 1.460 1.4501
0.8 0.6348 2.3268
0.9 0.2221 3,.6303
0.2 4.012 1.0242
0.4 3.976 1.1090
0.6 3.643 1.3090
0.8 2,379 1.8987
0.9 1.017 2,9412
0.2 8.058 1,0214
0.4 8.110 1.0956
0.6 7.781 1.2648
0.8 6.256 1,7220
0.9 4,246 2.4733
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For bearings of finite length a correction must be
applied to the value of cf as obtained from Table IX and
Figure (24). The value of the correction, although cal-
culated for the case where A = 0, may also be applied to
bearings with values of A up to about 6. A graph of such
correction factors is shown in Figure (25). The data for
this graph were obtained from Ref. (15). cg is the friction
factor for the journal bearing of finite length.

Raimondi (14) also shows the influence of compressi-
bility effects on the friction of finite journal bearings.

In summary, the following rules may be used to obtain
values of the friction factor:

1, For 0 = A = 6 use Elrod's values of c;, Fig. 24,
corrected for 1/4 ratio from Hays' Figure 25.

2. For 6 = A = 12 use ¢, = c; from Fig. 24. No cor-
rection for 1/d ratio being required.

> 1
3. For A = 12 use cf = I::I (Ref. 13).

Example $: Suppose we consider the bearing of Example 1.
A =2,75, 1/4 = 1,¢c =0.05
Prom Pigure (24), c} = 1.0

Ce
Prom Pigure (23%), the correction factor 3 = 1.0. No correction at
low values of ¢,

Therefore, cg = 1.0 x c;
ct = 1,0

Then from nqultfon (13)

°t = Zveuedi/e

2
or nye 2suprlee (14)

2.68 x 10~? reyns

2510 rads/sec x 0.25 in.lb.= 627.5 in/sec.
0.2% in.

0.50 in.

0.00025 in,

For this example,

ornaeE
(NN
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Substituting in Equation (14),

2,68 "-9 627.5x(0 inz!!g 50x].0
o T - 0.00025
ny = 212.0:2680,627580,062310. 50

n= 0.00132 inch 1b,,friction torque.

Or translated into horsepower at & speed of 24,000 RPNM,

22Ul 2vx0,00132x24,000
F.B.P. ®33,000 " 12 x 33,000

It is always possible to get a good, order-of-magnitude
check on the friction in a journal bearing by using Newton's
definition of absolute viscosity. As shown in Reference (9)

Bquation (6), page 8,
n = MASU (15)

¥ = absolute vi!co-:lty in reyns
(1bs.sec/in®)

A = the swept area, 2-:1(11:2)

U = the surface speed of the journal
(in/sec)

h = the radial film thickness which is ¢

Thus using the parameters from Example 5,

,.%&M

M = 0,00132 inch 1b, friction torque

In this case the answer is identical to the previous result ob-
tained for Example S since the only difference between Bquations
15 and 16 is the absence of the ¢, factor from Equation (15). Thus
wvhen cg +1, both equations yield the same result.
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C. Attitude Angle in Full Gas-Lubricated Journal Bearings

It is clear from the discussions outlined in the intro-
duction that the journal center does not coincide with the
bearing center under steady operating conditions. There is
actually a locus of points that the journal center will fol-
low depending upon the bearing geometry. Figure (26) shows
a typical locus of motion of the center of a journal in the
clearance of a self-acting journal bearing. The angle ¢ is
the attitude angle formed between the direction of applied
load and the line joining the bearing and shaft centers.
This angle is shown in Figures (23), (26) and (27) and is of
importance in establishing both the mathematical and physi-
cal criteria for stability in hydrodynamic (self-acting)
journal bearings.

w

v

¢
9-0& l"I
Fig. 26 - Typical Attitode - Eccentricity / M“’”

(-]
Locus for the Motion of the Center of o
Journal in the Clearance of Fig. 27

o Self-Acting Bearing. - Aftitude Relptionships for Journal Bearing.

To determine the parameters affecting attitude angle
it is necessary to examine the hydrodynamic pressure profile
in the bearing. 1In Figure (27) an applied load W, is sub-
jected to the bearing through the bearing center 0, and the
reactive load is taken at the journal center 0'. The result-
ant film force W has a component along the line of centers
00' equal to W cos ¢.
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The hydrodynamic pressure at any point in the film
is a variable, p, a function of speed, viscosity, clearance,
angular position in the clearance, eccentricity ratio, etc.

W cos ¢ is then opposed by that component of the pres-
sure film force acting along the line of centers 00°'.

*l
Wcos ¢ = G? pcos & rl ae (16)
=0

And in the same way for the component of the result-
and film force W perpendicular to the line of centers 00',
we have,
o=9'
Wsiné¢ = d[ p sin @6 r 1 4o (17)
=0

For purposes of this explanation sideflow or varia-
tion of p in the axial direction is neglected.

Dividing Equation (17) by Equation (16) yields,

=9’
JplinOrlde
i - S0 - cny ao
pcos &r 1l de
=0

or in general, tan ¢ is a function only of eccentricity
ratio ¢ . This function is unique for any particular bear-
ing. For example, with a liquid lubricated journal bearing,
assuming a pressure arc of 180°, (Ref. 19),

* Vi

tan ¢ = — 5 — (19)

Evaluating Equation (19) we have Table X.
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TABLE X

Attitude Angles for Liquid Lubricated, 180° Journal Brqg.

tan ¢ ¢ deqrees

90
86.35
82.6
78.7
74.5
69.8
64.5
49.7
37.3
27.35
17.7
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o o
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When plotted on polar coordinates as shown in Figure
(28) , the resultant curve is known as an attitude-eccen-
tricity locus and represents the path along which the center
of the journal will always traverse.

In a similar fashion, the
attitude angles for certain gas
lubricated bearings have been
calculated including the compressi-
bility effects of the gas. Thus
the attitude angles for gas-lubri-
cated bearings become a function
of A as well as ¢. Figure (29)
shows attitude angle patterns for
full, gas-lubricated journal bear-
ings as found in Ref. (14). Notice
the effect of A on these locii.

Fig. 28 - Attitude-Eccentricity lLocus ~ These diagrams are similar to Pig-

for Liquid-Lubricated, ure (28) where the eccentricity

180° Joumnal Bearing. ratio,c = 1, is replaced by the
radial clearance.

For quantitative evaluation of these angles, charts from Elrod,

Ref. (13), are used since they cover a greater range of A

values with higher accuracy and also include one additional

1/4 ratio. Tables of these values are also included.
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s With a bear-
ing having an 1/4 ratio of
1 and a value of ¢= 0,6,
the following attitude

angles are cbtained from
rigure (33) or Table XIV:
—A -
0 90°
0.1 8s
0.2 7
0.4 69
0.6 62
- v 1.0 52
4.0 as
8.0 13
v 20.0 s
60.0 3.9
A=oco 100.00 2.7
The dependency of atti-
tude angle ¢ on 4 is

obvious.

(e) L/0=)

Fig. 29 - Attitude-Eccentricity Locus Diagrams
for Full, Gas-Lubricated Joumnal Bearings. (Ref. 14).

It can be seen in these figures that considerable 4if-
ference exists in the attitude angle between fluid theory
for incompressible lubricants (A+0) and fluid theory for com-
pressible lubricants, even for very small values of the com-
pressibility parameter (or bearing number)A. This is not like
the case for load-carrying capacity where there is little 4if-
ference in predicted values between liquids and gaseous lubri-
cants up to a value of A about one.

For gas=lubricated bearings the value of the attitude

angle ¢ must always be determined through Pigures (30) to (34)
by means of the compressibility parameter.A.
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Fig. 30 - Attitude Angle vs Compressibility Parameter for 1/d=c0 (Ref. 13).
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Attitude Angle,¢ (deq.) for 1/4 = «

TABLE XI1

A €+0 c=0,2 0.4 0.6 0.8
0 90 90 90 90 90
0.1 85.58 - - - -
0.24 79.50 - - - -
0.5 68,95 67.58 64.13 55.80 38.43
1 52.76 - - - -
2 34.35 33.43 31.87 27.43 19.40
6 14.75 14.20 13.45 11.72 8.77
10 9.87 9.42 8.80 7.57 5.65
20 5.82 5.86 5.32 4.49 3.28
24 5.09 5.08 4.59 3.84 2.78
30 4,32 4.29 3.84 3.19 2.28
40 3.52 3.46 3.08 2,52 1.77
S0 3.01 2.94 2.60 2.10 1.46
60 2.65 2.58 2.27 l1.82 1.25
70 2.39 2.32 2.03 1,62 1.10
80 2.18 2.11 1.84 1.46 0.98
90 2.02 1.95 1.69 1.34 0.89
100 l1.88 1.82 1.57 l1.23 0.82
- 0 0 (V] 0 0
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Fig. 31 - Attitude Angle vs Compressibility Parameter for 1 /a=T (Ref. 13).
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Attitude Angle, ¢ (deq.) for 1@ = 2

TABLE XIII

A c+0 e=0.2 0.4 0.6 0.8
0 90 90 90 90 90
0.06 - - - - 76.56
0.1 86.55 - - - -
0.24 81.77 8l1.28 78.80 71.94 52.48
0.6 70.17 68.98 64 .47 54.58 36.37
1.2 54.46 53.22 48.63 39.99 26,60
3 30.58 29.94 27.47 22.92 15.94
6 18.26 17.74 16.10 13.43 9.370
12 11.00 11.33 10.20 8.486 6.068
24 6.745 6.715 5.907 4.750 3.254
30 5.794 5.720 4,998 3,976 2.687
40 4.780 4.675 4.050 3.180 2.110
50 4.130 4.014 3.456 2,686 1.757
60 3.671 3.552 3.042 2.346 1,518
70 3.327 3.208 2.737 2.097 1.343
80 3.059 2.940 2.501 1.905 1.210
90 2.842 2.726 2.311 1.752 1.105
100 2.662 2,548 2.155 1,627 1.019
- 0 0 0 0 0
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Attitude Angle, ¢ (deq,) for 1@ = ]

TABLE XIV

A c+0 e=",2 0.4 0.6 0.8
0 90 90 90 90 90
0.06 - - - - 77.77
0.1 88,38 - - - -
0.24 86.11 85.62 83.53 76.92 54.01
0.6 80.35 79.33 74.43 62.09 37.36
1.2 71.24 69.32 62.19 47.96 27.87
3 49.96 47.93 41.11 30.50 17.94
6 31.60 30.33 26.01 19.55 11,90
12 18.81 17.95 15.32 11.58 7.140
24 11.77 11,66 9.924 7.500 4.687
30 10.21 10.02 8.474 6.343 3.909
40 8.528 8.279 6.950 5.146 3.118
50 7.430 7.168 5.987 4,397 2.630
60 6.648 6.383 5.312 3.878 2,297
70 6.058 5,798 4.810 3.494 2.083
80 5.594 5.340 4.419 3.197 1.865
90 5.218 4.970 4.104 2.959 1.716
100 4.904 4,663 3.844 2.763 1.594
. 0 0 0 0 0
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Fig. 33 - Attitlude Angle vs Compressibility Parameter for 1/d=1 (Ref. 13).
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TABLE XV

Attitude le deg.) for 1/4 =
A €+0 ¢ =0.2 0.4 0.6 0.8
0 90 90 90 90 90
0.06 - - - - 81.51
0.1 89.48 - - - -
0.24 88.75 88.54 87.48 83.41 61.56
0.6 86.88 86.37 83.73 74.44 43 .46
1.2 83.75 82,78 77.82 63.16 32.60
3 74.79 72.45 63.63 45.53 22.36
6 61.54 58.62 48.78 33.29 16.60
12 43.04 40,81 33.32 22,72 11.74
24 26.03 24.62 20.24 14.07 7.450
30 21.93 20.32 16.95 12,16 6.898
40 17.71 16.75 13.85 9.844 5.507
50 15.15 14.47 11.91 8.405 4.659
60 13.44 12.87 10.55 7.414 4,082
70 12,2) 11.68 9.546 6.686 3.661
80 11.26 10.74 8.760 6.119 3.336
90 10.50 9.987 8.136 5.668 3.078
100 9.866 9.368 7.615 5.298 2,868
- o 0 o ] 0
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D, Synchronous Whirl
Foxces Due to Rotating Unbalance

In addition to unidirectional constant radial
forces, the second most common type radial load that a 1
journal must carry is mass unbalance of the rotating com-
ponent. Such an unbalance produces a radial force that -
rotates at shaft speed as depicted on Figure (35) with a
magnitude dependent upon both the amount of unbalanced mass
in the system and the rotational speed. N

As with a steady, unidirectional load, a rotating force
will produce a displacement of the journal within the bear-
ing. In this case, however, the center of the journal will
not be displaced to a fixed point in space but will describe
a somewhat circular orbit because of the angular motion of
the force. It is clear that this angular motion occurs at
the same frequency as the shaft rotational speed and there-
fore it is generally termed ‘synchronous whirl'. If all
other radial forces were removed from the journal then the
center of the circular orbit of the shaft center would corre-
spond closely to the center of the bearing as seen on Figure
(36)path A. On the other hand, if a steady unidirectional
radial luvad acts on the journal to displace the journal cen-
ter to some point 0' (Fig.36), then the center of the circu-
lar orbit due to unbalance would also shift to 0' and the
new path described by the journal center would approximate
path B,

Fig. 36 - Schematic Representation
of Orbiting Paths in a Joumnal
Bearing, Path A Due fo Unbalance.

Fig. 35 - Force F, Resuiting from Unbalance Path B Due to a Steady Load
of Rotor Shaft Rotating with Shaft Pius Unbalance.
At Synchronous Speed.
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In order to determine the minimum bearing film thick-
ness of a journal bearing containing unbalance of the rotat-
ing member it is necessary to determine the radius e' of the
circular orbit of the shaft center.(See Fig. 36). For small
values of e' the eccentricity ratio ¢ and e' may be calcu-
lated as though the rotating load were a stationary load of
the same magnitude. This has been shown to be quite accurate
if ¢ does not exceed a value of about 0.4 to 0.5. Thus the
analysis to predict the load-carrying capacity of a static
load may be applied to a load due to rotating unbalance with
satisfactory accuracy provided that the value of eccentricity
ratio ¢ does not exceed about 0.4 or 0.5. (Ref. 20). For
eccentricity ratios greater than these values dynamic re-
sponses occur in the gas film involving squeeze film forces
and other time dependent actions so that the static equiva-
lency described above becomes more inaccurate.

To review the accuracy of considering the unbalance
load as a fixed load the following example taken from Ref.
20 by Sternlicht and Elwell is presented.

Exsmple 7: A 360° gas-lubricated, self-acting journal bear-
ing was tested on a vertical shaft., Attitude angle and ecceatri-
city ratio were measured for the shaft while in operatioa. Por
the following conditions, the eccentricity ratio for a rotating
unbalance may be computed assuming the analysis for a steady load
condition is applicable:

yasi .. vy’
Logeh = 2+ A '%ﬁﬁ&:&d'

Radial Clear.= 0,000
Viscosity = 2.61x10" "reyns A =263

Using Pigure (14) or Table V, the calculated value of ¢ = 0.27.
The measured value of ¢ = 0.275 indicating excellent agreemeat. To
make a more camplete analysis several other points were calculated
with the following results:

speed Calculated MNeasured :

Lpe)  rorce-the, WM . _(Re£.20)
2,000 1.8 0.0255 0.876 0.08 0.08
4,000 5.08 0.08%9 1,758 0.15 0.1%
6,000 12.% 0.212% 2.63 0.27 0.27%
8,000 a2 0.374 3,508 0.3 0.40%

10,000 s 0.59% 4.3 0.47 0.53

The results are shown in Pigure (37) compared with experi-
mental data,
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Fig. 37 - Orbital Eccentricity Ratio for Journal Subjected To An Unbalonced
Radial Load. Experimental Data from Ref. 20.

Establishment of Limits for Rotating Unbalance

The method of analysis just discussed also pro-
vides a means for establishing the limits on unbalance that
can be tolerated in any particular rotating assembly. This
limit will be measured in terms of the eccentricity ratio
that the unbalance produces and the corresponding minimum
£ilm thickness.

s As an illustration of this, reconsider Example 7
that has just been described as having an eccentricity ratio of
¢ = 0.27. The specific bearing in Example 7 had a length and dia-
meter of 2 inches each with a radial clearance of 0.000504 inches.
If it is desirable to maintain the minimum film thickness of this
bearing at 0.00037 inches at 6,000 RPN then the maximum eccentricity
zatio allowable may be calculated using Bguation (8)

h, = ¢ [1~clor 1-23-3
7
=1 - ,734
¢ = 0,266 or approximately 0.27
Por this eccentrieity ratio and the calculated bearing com-
pressibility number A = 2,63, the maximum load may be determined

from Pigure (14) to be 12.3 pounds per bearing. This force is
the result of an unbalance which can be determined from the relation

Funbalance " “r

where W is the magnitude of the unbalance,s is the rotational speed
in radians per sec., "g" is the gravitational constant and r is the
effective radius of the unbalance.
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Thus for this example, substituting the numerical values, we

have:
12.5 = B 1 82 x 20} x ¢

wr = 0.0122 1b.in.
or Wr = 0,195 os.in. of wnbalamce

The allowable umbalance Decomes a fumction of bearing clear-
ance, size and speed, for a given lubricaant viscosity, amd ia most
cases would be estabdblished by the limits on minimum £ilm thicknees
that would be acceptable. 1In a majority of applications a minimum
£ilm thickness, resulting from wnbalance, of perhaps frem 3/4 to 2/3
of the radial clearance would prodbably be alloweble, f.e. ¢ = .25
to ¢ = 0,34,

Synchronous Resonant Whirl(Inversion-Point Critical
Speed)

If the gas film in the bearing is considered as
a spring supporting the rotating element, then any disturb-
ing force will create a deflection of this spring. In the
case of an unbalance force, the disturbing force varies
angularly indirection at a frequency equal to that of the
rotating speed of the rotor. At any specific point in the
gas film the unbalancedforce thus acts as a vibrating force
with a frequency equal to the rotational speed. The rotat-
ing shaft system which is considered supported on a gas
spring, has a natural frequency at which it will resonate.
If the frequency of the unbalancelvibrational force cerre-
sponds to the lowest natural frequency of the shaft and sup-
port system, a forced vibration phenomenon occurs which is
frequently termed "synchronous resonant whirl® or "inversion
point critical speed”. Both of the terms imply that the
rotor is acting as a rigid body and is vibrating on the rela-
tively soft gas “springs” in the bearings. (Ref. 21)

Extensive observations have been made on this type of
instability (Ref. 22). By means of capacitance probes moni-
toring the motion of the journal in its bearing, it can be
shown that below this resonant "critical speed” the shaft-
rotor system is rotating about its geometric axis. After
passing through this resonant condition, the shaft-rotor sys-
tem begins to spin about its center of gravity axis. This
inversion, or shift in the center of rotation, can be observed
on the screen of an oscilloscope and hence the origination of
the term "inversion-point critical speed”.
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Translatory Synchronous Whirl Rotating Journal

The response of a gas film spring is non-
linear, consequently, there is no spring “constant" but
rather a spring rate which will increase with eccentricity
ratio for this type of bearing. The actual spring rate
therefore, at a given eccentricity ratio, may be obtained
by drawing a tangent to the curve of load-carrying capa-
city plotted against eccentricity ratio for a given bear-
ing at a fixed speed (Refs. 22 and 23). Such a curve would
be typical of Figure (17).

Ruample 91 Pigure (17) is redrawm in Pigure (38) including

as an additional adbecisea the minimum f£ilm thickness corresponding
to the various values of ¢. These are calculated from Bquation (8)
hy =c (14
Por the bearing descrided in Pigure (17), ¢ = 0.00023 inches.
40 ’
,I
/
’
g™ A -
3 = /’”l
s 7
Q IP’ :
§ 20} '? !
@ i I
2 .
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! |
: |
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Fig. 38 - Replot of Data from Example 1 and Fig. 17.

2£ the rotor is om a vertical shaft or in a sero gravity
field the bearing load weuld be sero amd the eccentricity ratio
would alse be sere. The slope of the aheve curve at ¢ = 0 is the

£ilm stiffmese X.
tewo = THEE. = 11,200 . /10,



The natural frequency of vibration, still considering the shaft-
rotor system as & simple rigid body, would then be:

f= H-E (20)

where k = £ilm stiffness of one bearing (1b/in).
gnofvriquro (40), assuming translation

B, = total mass of sotntlng system (shaft)
(w/g or 1b.sec*/in)

£ = natural frequency (cycles/sec)

In the case of this rotor the weight is 0.118 1b. or » -'o's'a! .
m = 0.000306 1b.sec?/in for cne bearing
Por a two bearing system
m = 0.000306 x 2 1b.sec?

The natural frequency then is, from Bquation (20),

R T

£ » 964 cycles/sec or 57,800 cycles/min.

8ince this device is designed to rxun at 24,000 RPM there will
be no need to pass through this particular critical speed.

As a further illustration, suppose the shaft-rotor system was
loaded by some force, so that ¢t was equal to 0.5. A tangent to the
curve in Pigure (38) would yield a film stiffness X of:

L {3.4 - 0,001, 3,27
X = 10.0002-0.00008) in. - 3235015
k = 21,800 1bYin.

And the natural frequency corresponding to the synchronous resonant
whirl or inversion point critical speed would de in this case from

Bquation (20),
e - bV

£ = 1345 cycles/sec.or 80,600 cycles/min.

Although this phencmenon is rare in oil-lubricated bearings
because of the high damping in oil films, it has been cbserved and
identified in oil-lubricated shaft journal bearings with overhung
compressor wheels operating at fairly high speeds. One case involved
a shaft 3.3 inches in dimmeter operating at 12,000 RPN with a rotor
weighing about 100 pounds. Because of the lov dmmping properties of
gas films however, such instabilities are not suppressed and conse-
quently will appear if the dynamic conditions are appropriate.
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Conical Synchronous Whirl Rotating Journal

It was assumed in the previous discussion
that the journal axis remains parallel to the bearing
axis as depicted on Figure (39A). This is termed the
cylindrical mode or translatory mode of vibration.

It is also quite possible for the shaft rotor system

to vibrate in a conical mode as illustrated in Figure
(39B) . In this case the journal axis generates a coni-
cal surface with the apex in the plane of the center

of mass. The difference between the two modes of vibra-
tion is determined by the distribution of the rotor mass
and for the case of a two bearing support system, the
distance between the bearings.

AV v
f\‘ N
w o J

Fig. 39 - Indication of Synchronous Whirl of Shaft in Joumnal Bearing.
(A) Translatory or Cylindrical. (B) Conical.
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In translatory, cylindrical, synchronous whirl of
the shaft we have the simple case of an undeflected mass
on two springs with rigid bearing housings. This has al-
ready been described. The conical type of shaft synchron-
ous whirl is illustrated in Figure (39) and also schematic-
ally in Figure (40). As has been explained, the springs
are not linear, as shown in Figure (38) but by taking a
tangent to the load-deflection curve they can be assumed to
be linear at the particular point of operation. For conical
whirl, the springs deve%op a restoring moment, and for two
springs this becomes kL“/2 (in.lb./radian).

Then the restoring spring
moment equals the inertia
moment, or

~ P L o2
==y _}== fconical shaft = 7w 21, ,
/*\
/// \\\
_Aaz” } | \\\\\ (21)
| where I, is the trans-

verse moment of inertia
of the shaft rotor system
about a diameter (lb.in.lecz)

Fig. 40 - Schematic Representation of Shaft
Conical Synchronous Whirl.

If in the conical whirling motion, the polar moment of
inertia of the rotating shaft system is significant compared
to the transverse moment of inertia, there could be a gyro-
scopic effect which would influence the natural frequency of
vibration and the critical speed at which resonance takes
place. Den Hartog, "Mechanical vibrations" 4th Edition,
McGraw-Hill Publishing Company, shows that if the shaft is
whirling (or precessing) in the direction of spin, the gyro-
scopic inertia moment tends to make the amplitude of vibra-
tions smaller, thus making the effective spring rate higher
and in this way raising the natural frequency of vibration.
This is the case corresponding to synchronous whirl. Follow-
ing through Den Hartog's derivation, we have

£ N e = 1 .‘Fnz (22)
haft -
conical s 2 2[It. Ip.)

Where I, is the polar moment of inertia
of the ghaft-rotor system.
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Synchronous Translatory and Conica Wwhirl
(a) Non-Rotating Bearing

Next we consider the case of synchronous bearing
whirl. Such an occurrence is common if the bearing is held
in flexible supports and can vibrate relative to the spin-
ning shaft. We then have the usual cases ‘f translatory
synchronous whirl, (Fig. 41),

- L‘,_E
ftran-.brg. 2% Y my, (23)

and for conical whirl

. S .-
fconical brg. = 27 Vltb (24)

where k_ is the restoring moment produced by the gas film

in the geating and Ivb is the transverse moment of inertia
of the bearing about a diameter. An expression for k. can
be obtained directly from the translatory k if it is assumed
that the gas-film spring action in the bearing is uniform-
ly distributed, neglecting end effects. This assumes that
all sections of the bearing, including the ends, contri-
bute equally to the translatory stiffness. This is not true
and only in the limit when 1/4 approaches infinity would it
be considered to be a fair representation of the facts. How-
ever, using this assumption and integrating across the bear-
ing we f£find that:

_x?

kc 12

(25)

where 1 is the length of the bearing. Now Equation (25) may
in general be written as follows:

2

k. = %.. (26)

where K* is a numerical factor depending upon the 1/4 ratio
of the bearing. Then Equation (24) when combined with (26)
becomes
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1 kl
feonical brg. = 2w K*T,., (27)

The number 12 in Equation
(25) and K* in Equatien (26)
may be replaced by modified
values obtained from actual
experiments such as in Ref.
(35). In this paper exper-
imental results are shown
for conical whirl of bear-
ings (as contrasted to shaft
whirl) in which this numeri-
Fig. 41 - Conical Whirl of Bearing cal factor is evaluated from
With Respect To Shaft. the observed data,

The following values summarize the results:

TABLE XV1

Experimental Values of K* (Ref.35)

Bearing 1/4 Ratio K*
- 12 (theoretical value)
3 15
2 23
1.5 25
1.0 25

Thus, while these values are experimental and subjected
to a number of probable errors they are nevertheless more
accurate than the idealized value of K* = 12 computed for the
case of 1/4 of =, It is recommended that these experimental
values be used in making calculations involving conical bear-
ing whirl and in Equation (27), a number selected from the
above table, for the corresponding 1/d ratio of the bearing
would be used instead of 12,
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(b) Rotating Bearing

Now Equation (27) for

conical whirl of the bearing
is applicable to the rocking
\<§§§§§x or oscillating motion of a
non-rotating bearing. If the
Flued Shaft situation that needs to be
evaluated is that of a sta-

tionary shaft and a rotating
bearing, gyroscopic inertia
effects of the rotating bear-
ing would need to be included
This would correspond physi-
cally to an electric motor
driven fan, where the "retor"

Fig. 42 - Fixed Shaft and in the classical sense, is

Rotating Bearing. held stationary, and the hous-
ing revolves about it. Figure
(42).

In this case the polar moment of inertia might be relative-
ly large and should be included. The equation for natural
frequency would become

2
1 ‘/ k 1
conical brg. 2% YK* [I,)- 1]

where Ipb is the polar moment of inertia of the bearing and
K* is a'number taken from Table XVI and which depends upon
the 1/d ratio of the bearing.

Let us now summarigze the discussion so far on syn-
chronous resonant whirl:

1. Translatory synchronous shaft whirl Eq. (20)
2, Conical synchronous shaft whirl
a. Without gyroscopic effect Eq. (21)
b. With gyroscopic effect Eq. (22)

3. Translatory synchronous bearing whirl,
with rotating or non-rotating bearing Bq. (23)

4. Conical synchronous bearing whirl

a. Non-rotating bearing Bg. (27)
b. Rotating bearing Eq. (28)
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It is frequently possible to predict which mode of syn-

chronous vibration may be expected to occur first as the
speed of a unit is slowly raised. For the case of shaft
synchronous whirl we can take the ratio of Equation (20)
to Equation (22) and

£ P ,2k
trans.shaft 2n ml

e L [ xaZ
27 Y2 (Teqm Ips

fconical shaft

2
{ft.] ] 2k 2(Xy,- I,,]
fes k mg L9
2 4 [Teg™ Tpg)
[fsﬂ o B (29)
fcs ‘

Thus, if the right hand side of the equation is greater
than one, f 8’ conical shaft synchronous whirl will occur
at a lower Irequency than f,_, translatory shaft synchron-
ous whirl. If the right hand side is less than one then
it follows that the translatory mode will have the lower

frequency.

In Ref. (31) ie data for an electric motor rotor
held in two rigid non-rotating bearings so that Equation
(29) would be applicable,

Weight of rotor = 17.19 1b.
L (distance between bearings) = 11.75 inches
I.4 = 1.91 1b.insec?

I__ = 0.063 1b.in.sec?

ps
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Substituting in Equation (29)

= 1.2

u] 1,91-0.063]
17. 19/386 x 11.752

The results of tests made by the authors of Ref. (31),
although performed for half-frequency whirl, did show
that conical whirl was observed at a lower speed than
translatory irl2 as we would have expected from the
ratio of £, /feg” = 1.2,

For the case of bearing whirl (non-rdating) we take
the ratio of BEquation (23) to (27), or

1
tb  2%Im,
fob 3 Jx 1
¥ tb
ftblz K* I,y
(=] =—57 30

where values of K* would be ocbtained from Table XVI.

As part of the experimental work of Ref. (35) it was
possible to take a given bearing and add weights to it thus
changing the ratio of I,, to m, in Equation (30) and in
turn changing the form of the mode of the lower frequency
whirl. The observations were actually made on half-frequency
whirl but the general conclusions are valid, for synchronous
whirl, with a non-rotating bearing.

Bearing diameter - ‘2 inches
Bearing length - 6 inches
1/4 ratio -3

K* from Table XVI- 15
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Therefore, from right hand side of Equation (30)

15 I Mode of Mode of
Y B whirl Whirl

mp 1 Predicted  Observed
1.305 Conical -

0.965 Cylindrical Cylindrical
1.090 Conical Conical
1.035 Conical Cylindrical
1.11 Conical Conical

These results show the general agreement with the pre-
dictions of Equation (30).

For the case of bearing whirl, with a stationary
shaft but with a rotating bearing, we take the ratio of
Equation (23) to Equation (28) and have:

(31)

Influence of External Vibration

In the previous section it has been shown that
a gas-borne rotating system has at least two resonant syn-
chronous speeds which correspond to natural frequencies of
vibration. 1f such a system is running smoothly, not at
one of these “"critical speeds®, Aifficulty may arise if the
entire structure is shaken or vibrated at a frequency which
corresponds to one of these critical speeds. Such resonant
external excitations are generally more serious with gas-
lubricated bearings than with liquid or oil lubricated bear-
ings because the gas bearing has much less internal damping.
Because of this, it is recommended that a bearing not be
subjected to a vibration excitation higher than 75 to 85%
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of the lowest natural frequency of vibration. 1In the
case of Example 9 for instance, a synchronous resonant
shaft frequency was computed as 964 cycles/sec. The
recommendation then would be to limit the vibrational
excitation of this unit to 725 to 825 cycles per second
as a maximum,.

If for some reason, perhaps test specifications, it

would be necessary to subject the rotor system of Example

9 to say 1000 cycles per second it would be desirable to
have the lowest synchronous whirl frequency some 15% to
25% above this value. As shown in Equation (20), or sub-
sequent Equations (21) through (28), whichever would apply,
this may be accomplished by increasing the spring rate k

or k. and/or decreasing the mass m or the moment of inertia.

Although the damping in a self-acting bearing of this
type is relatively low, it is possible to pass through a
synchronous resonant critical speed, if absolutely neces-
sary, and no damage may result providing the amount of un-
balance is low and the acceleration rate is high. Under
no circumstances however should steady-state operating
speed be within approximately 15% of one of the natural
frequencies of the system,

In consideration of external vibrations, resonant
behavior of self-acting bearings has also been observed
at applied vibration frequencies of one half rotational
frequency (Ref. 41). Of concern at this condition is the
reduction in load capacity of the bearing. Observed in-
creases in eccentricity ratio from 0.05 at a fixed load
condition to 0.6 at a sinusoidal load condition and an

applied frequency of one half rotational frequency have
been recorded.

Experiments conducted by Rotron have indicated that
the reduction in load capacity occurs over a rather narrow
band around the ratio of applied vibrational frequency to
rotating bearing frequency = %. In the case of one parti-
cular unit, a reduction in sinusoidal load capacity from
8 G's to 4 G's was observed at the applied frequency of
125 cps with an operating speed of 250 cps. This decrease
in load capacity occurred over the range from 100 to 150 cps
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BEARING LOAD
CAPACITY

applied frequency. Figure (43) presents a dimensionless
plot illustrating the effect of this behavior.

wWhen designing a gas bearing it is quite evident
that the designer must carefully review the vibrational
requirements that the bearing must withstand. 1In addi-
tion to avoiding vibrational loads of the same frequency
as the resonant frequency of the bearing, load capacity
must be checked for sustaining vibrational loads at fre-
quencies within 15% of one half rotational frequency.

0 A N
o 0.5 1.0

APPLIED VIBRATIONAL FREQUENCY
ROTATIONAL FREQUENCY

Fig. 43 - Bearing Load Capacity Under Sinusoidal Load Condition.
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B, Half-Prequency Whirl

Oone of the most serious forms of instability en-
countered in journal bearing operation is known as
"half-frequency whirl®. The phenomenon is one of self-
excited vibration and is characterised by having the
center of the shaft orbit around the center of the bear-
ing at a frequency approximately equal to half of the
spinning or rotational velocity of the shaft. Under these
conditions Hagg (24) has shown that the capacity of the
bearing to support radial loads falls to zero. In Figure
(44) this half-frequency whirling motion is depicted where

2 is approximately half of «.2 is the orbital frequency
and « is the shaft rotational frequency.

The shaft system may be stable as the speed is in-
creased until this threshold is reached. Crossing this
threshold with further increase in speed will bring the
system into a region of instability which becomes more
violent as the penetration becomes deeper until inevit-
able seisure results. Unlike an ordinary critical speed
the shaft cannot pass through this one and attain a region
of stability on the other side at a higher speed as with
synchronous resonant whirl. A typical instance would be
to have a bearing running smoothly without any difficul-
ties at say 40,000 rpm but seize and fail completely at
43,000 rpm. Pailure in most instances is instantaneous
and camplete as the amplitude of vibration becomes equal
to the radial clearance in the bearing. It should be
pointed out rather emphatically that this type of instabil-
ity is not peculiar to gas bearings but actually is a seri-
ous and continuing problem with high-speed, lightly-loaded,
liquid-lubricated bearings as well.

The explanation of this instability and possible
methods of predicting its occumwnce are based on an under-
standing of what steady-state positions the journal assumes
in the bearing clearance with variations in speed and load.
For a given bearing gecmetry these positions form a path
which is predictable and consistent. This path is the atti-
tude-eccentricity locus as described earlier in this manual
in Section II C. Referring to Pigures (26) and (27), the
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attitude angle is indicated
B by the symbol ¢ and for full
film, gas-lubricated journal
bearings may be obtained from
Figures (30) through (34) as
a function of bearing compres-
sibility parameter A.

Generally at light loads
and/or high speeds, the eccen-
tricity ratio ¢ is small, ap-
proaching 0, while the atti-
tude angle approaches 90°. For
heavier loads the eccentricity
! ratio increases and the center
Fig- 44 - Orbital Whirling Velocity of ~ Of the shaft travels downward
Shaft CenterL About Center of Bearing 21ong the shaft center locus

Compared to Shaft Spinning Velocityw, With the attitude angle approach-
ing zero as the eccentricity

ratio approaches one.(Note Fig.26)

&%

Searing

Half-frequency whirl is actually the result of a driv-
ing force acting on the shaft causing it to whirl or orbit
in the same direction as the spin of the shaft. This driv-
ing force is a component of the hydrodynamic load-carrying
£film force that is developed in the clearance space of the
bearing. Thus in Figure (45a) with the load applied as
shown, the line joining the center of the bearing with the
center of the shaft can be drawn. The components of the
hydrodynamic film force acting perpendicular to this line
of centers can be called Fg. It is the force Fg which pro-
vides the driving action and which can result in the unstable
motion called whirl. 1In Figure (45b), (¢), and (d) it is
shown that the location of a shaft center 0' on the attitude
eccentricity locus influences the magnitude of Fg. In Figure
(45b) is depicted a position of the shaft where F, is small
and Fg is rather large. Fg will therefore tend to cause a
high degree of whirl instability.

In Figure (45c) it is assumed that the shaft center
is now further down the locus, perhaps midway on the arc.
This would result from increasing the external load, for
example, or by developing an internal load on the journal
through the use of grooves or slots. Now in Figure (45¢)



the relationship between F_ and Fg shows that they are both
of comparable magnitude. if the center of the journal now
finds itself much further down on the attitude-eccentricity
locus as shown in Figure (45d), through modification of
either load or geometry, F, becomes quite small. This means
that the driving force Fg is becoming negligible and that for
these conditions the shaft would be very stable.

Attitude

Fig. 45 - Relationship of Radial Force F, to Tangential Force Fg, for Several
Valves of Eccentricity Ratio.
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Thus the angular position of F_ and its magnitude, or con-
versely the angular position oe F_ and its magnitude will
be fundamental parameters in estaﬁlishing whether half-fre-
quency whirl is a possibility.

alf-Fr ency wWh tabjility for id bricated
Self-Acting Bearings

Poritsky (25), Boeker and Sternlicht (26), refer
to the analysis of whirl instability in terms of these forces.
The equations of motion are established and these equations
are analyzed for stability criteria. A relationship is de-
veloped to indicate the threshold of whirl instability as a
function of the mass of the system, the spring constant of
the shaft itself, and the radial film stiffness of the lub-
ricating film in the bearing as determined by the force F_
that has just been described. 1If F,. approaches zero the
shaft will whirl at all operational speeds. An example of
such a case would be a vertical shaft supported by an un-
grooved journal bearing where ¢ would equal to zero and ¢
would be 90°,

The expression derived is as follows, referring speci-
fically to translatory half-frequency whirl of the rotor-
shaft system:

(32)

where fts = gshaft speed at which half-frequency transla-

¥~ tory shaft whirl begins (cycles/sec).

m, = mass of shaft-rotor system (1b.sec2/in)

K, = shaft spring stiffness (1b/in)

K, = radial spring stiffness of the Learing film
for one bearing, obtained by plotting radial
film force F_ against film thickness and evalu-
ating the slope of this curve at the proper
eccentricity ratio (1b/in)
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For our purposes, where the shaft system is such that
operation is well below the first mechanical critical
speed (with elasticity of the shaft included), we can
properly assume that the shaft stiffness is much greater
than the radial stiffness of the gas film, or K;>>K, so
that in Equation (32) above 1/k1<<1/K2 and may be dropped.
Therefore, Equation (32) becomes

£.. 2 7K,
ok (33)

Use of Equation (33) for liquid-lubricated bearings
has shown very satisfactory correlation between predicted
whirl threshold speeds and actual speeds at which such in-
stabilities were observed to begin (26,27). More refined
analyses involving extended digital computer calculations
are available but the justification of this extra involve-
ment and complication has not yet been established (28).

It is therefore recommended that Equations (32) or (33) be
used for design purposes with liquid-lubricated bearings.

The method provides a step-wise sequence of calculations

(as shown in Example 10, Steps 1 through 7) in which a phy-
sical understanding may be gained of the phenomenon known as
half-frequency whirl. With this conceptual understanding
there is developed simultaneously the knowledge of the in-
fluence of the several variables such as attitude angle,
eccentricity ratio, radial and tangential fluid spring forces,
speed, clearance ratio and length-to-diameter ratio, on the
threshold of half-frequency whirl. It follows that by chang-
ing these parameters the threshold speed of instability can
also be varied. 1In this way the design aspects for control-
ling this phenomenon are established.

This method involving the use of Equations (32) or (33),
is also completely general and applies to all sizes and
shapes of liquid lubricated journal bearings. If stabiliz-
ing forces are introduced, either external to the bearing or
arising within the bearing clearance itself, the equations
can be used, just as they are, without modification.

The reason this method is being given so much emphasis
even though it was developed for bearings using incompressible
lubricants, is that it provides the first step in developing
a design approach for gas-lubricated bearings. Actually, for
values of the compressibility number A less than about 1/3,
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it may be used directly for gas-lubricated bearings pro-
viding that the stability parameter w;* is large, that is
to say, equal to or greater than 0.5. This parameter is
described by Equation (34). For higher A however, two al-
ternate approaches will be suggested.

Half-Frequency Translatory Whirl Analysis for Small
values of A

t This calculation will involve the use of
Bquation (33) and with it we will attempt to establish whether
at & given operating speed the shaft will be stable or not stable
to half-frequency whirl.

To provide eor”uuon we will use experimental data from
sternlicht and winn Por a bearing with the following speci-
fications the onset of half-frequency shaft whirl was cbserved
to occur at 11,800 RMNM.

Bearing diameter 2 inches

BDearing length 2 inches

Radial clearance ¢ 0.001643 inches
viscosity (air) 2,7%x10°7 1b.sec/in.

) J 14,7 psia
nldial 10ad on bearing 11.01 pounds
Weight of shaft/bearing 11.01 pounds
shaft is horisontal and bearing loading
is due to gravity

We will begin by assuming that the operating speed is
11,800 XM, Eguation (33) will be evaluated and will yield an
answer for the shaft speed £, /2 in cycles per second.

If £, /2 % 60 = 11,800 RPN, this will mean that the design
speed is at the threshold of whirl instability.

It £ x 60 is greater than 11,800 RPM, let us say for
example :I.;, RPM, this means that the shaft should be free of
half-frequency whirl at 11,800 RPM and thus is stable. It does
not mean that 15,000 RPN will be a threshold speed.

£ L2 X 60 is less than 11,800 RPM, say 5,000 RPM, the
indication is that this design speed is unstable and that the
shaft will be whirling at 11,800 RPN if it hasn't failed before
at a lower speed. 1It does not mean that 5,000 RPM is a threshold

Squation (33) is only a stability indicator. It tells whether
the system is stable or unstable at a pre-selected speed. It does
not calculate a "critical” speed in the usual sense unless the
assumed speed coincides with the calculated value from Bquation (33).

Actually it is somewhat similar to a "go"-"no go" gage estad-
1ishing whether a manufactured part is within acceptadle dimen-
sional tolerance. It either is or it isn't. In the same wvay,
Squation (33) shows whether the shaft is stable with respect to
half-frequency whirl or it is not, evaluated of course with refer-
ence to an assumed operating speed.
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Step ) - Calcylate A
Guw 3
From Equation (1) A = (é)

“e lltg-i’ﬂ x 2% = 1235 rads/sec.

r = 1 inch
6x2,7x10" 9x12 2
A -
Then R C T WA
A= 0,504
2 - 1 a- t s

From Figure 14, for 1/4=1, we obtain the following
values at A =~ 0,504, Value of A x 1 x r. = 2x2x14.7 ~ 58.8

" ﬁ'!: w(1lb)

0 0 0

0.1 0.018 1.059

0.2 0.039 2,293

0.4 0,088 5.0

0.6 0.16 9.4

0.8 0.36 21.3
Step 3 - Determine Attitude Angles

From Figure 33, for 1/4 = 1, we have the following angles
at A = 0,504,

3 ¢ degrees
o 82,0
0.1 8.5
0.2 81.0
0.4 76.5
0.6 65.5
0.8 41.0
= of W ac along the Line
of Centere of Dearing and ghaft

Referring back to Figure (2%5), this is determined as
W cos ¢ and acts along the lim of centers 00'. This is also
indicated by REquation (16) and by the force F. in Figure (45),
called the radial force or the force that acts along the line
of centers.

Actually, steps (2), (3) and (4) can all be combined in

one operation by making one large table as shown below. Values
of h, are obtained from BEquation (8).
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W com¢
dlp w(1lb) ¢degrees Cos ¢ (r!)(lb) h° in.

[ a

0 0 0 82.0 0.1392 0 0.001643
0.1 0.018 1.0%59 81.5 0.1478 0,156%5 0,.001477
0.2 0.039% 2.293 81.0 0.1564 0.359 0.001313
0.4 0,085 5.0 76.5 0.2334 1,167 0.000985
0.6 0,16 9.4 65.5 0.4147 3,90 0.000657
0.8 0,36 21.3 41.0 0.7547 16.07 0.p00328

Step 5 - Determine Operating Eccentricity Ratio

The operating ¢ for this bearing with W = 11,01 pounds
will be somewhere between ¢ = 0.6 and ¢ = 0.8 judging by
the above table. Frequently it is possible to interpolate,
by inspection but in this case it will be necessary to plot
a curve of W versus ¢t in order to get a sufficiently accurate
value,

-
b ——— =

|
b
3

°
gt
L
4
g

0
ECCENTRICITY RATIO, €

<t - a
The value of K3 is obtained by plotting P (which is

W cos ¢) versus ¢ and h, and determining the liopo of this
curve at the operating value of ¢,

Wend o K, 088)
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Slope of curve at ¢ = 0,63 is 5

or X, = § = ysbbtinit Hoerms - s
Ky ® 24,200 1b/in at ¢ = 0,65

Step 7 - Calculate zg,gz from Bgquation (33)

's;"i? =5 - ;'?

24,300
't 11.01/3“‘%;\0!:.:. q = 386 i.l\/ucz

z% -
9.2x102
fy -3 Vmooo -==
2

£, = 293 cycles/sec.

or 293 x 60 = 17,600 cycles per minute.

Now the measured value of threshold speed was 11,900
cycles per minute so that the predicted value based on
Equation (33) is higher than the measured value.

. Predicted threshold value 17,600
the ratio "= Neasured threshold value ™ 11,800 ™ 1.49

This is rather typical of the comparison between theoretical
and experimental results for shafts in 360° gas-lubricated
journal bearings. The ratio'C"is largely a function of A,
but not completely, as will be shown below. However, as a
general rule, the smaller the value of A for a given case,
the smaller will be the ratio”"c. This means as we approach
the incompressible film condition, or as A approaches zero,
Equation (33) becomes more accurate.

For example, the graph (FPigure 46) shows the results of
a number of calculations similar to that of Example 10. The
trend in the relationship between the factor "C” and the value
of A ie indicated.
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RATIO C’
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O ©02 04 06 08 10 12 14 16 18 20
COMPRESSIBILITY NUMBER A

Fig. 46 - Ratio C Plotted Against Compressibility Number for Twol /d Ratios.

Although Figure (46) shows the trend of actual ob-
served threshold speeds compared to predicted values using
Equation (33), there is another parameter that is signifi-
cant in establishing the stability characteristics of gas-
lubricated journal bearings. This is called the stability
parameter and has been given several forms depending upon
the investigator (Refers.32, 33, and 34).

The form of the stability parameter that appears most
useful from a bearing design point of view is w,*, This is
found in Ref.(33) and (34)

CMI
Uli = 0 —w— (34)

where w is the shaft speed, (radians/sec)
¢ is the radial clearance in the bearjing iin.)
M; is the mass per unit length (1lb.sec“/in¢)
w is the load per length (1b/in)

The values of “i* can be calculated for the data in

Table XVII using Equation (34). The results are presented
in Table XVIII.
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Example 1ll: Consider the bearing which is de-
scribed as No. 1 of Table XVII, for A = 0,549, the mass
of the shaft is obtained from the weight of the shaft
associated with one bearing. This weight was 0.33 pounds.
The bearing was 1/2 inch long. The weight per unit length
was thus 0.33 x 2 = 0,66 pounds/inch. The mass per unit
length

- 0,66 - lb.sec2
n1 386 in.x in.

M, = 0.00171 1b.sec?/in

The shaft was not horizontal so that the load on the
bearing was less than the weight of the shaft.

Load on bearing w = 00,2795 lbs.(given)

long per unit length = 0,2795 x 2

= 0,559 1b./in.

The observed threshold speed (or in general the intended
operating speed) = 584 rads/sec.

Substituting in Equation (34)

0.000533 x 0.00171

“w* = 584 0.559

w* =584 1.63 x 1076
= 584 x 1.75 x 10~3
w* =0.745
Thus we have an additional parameter & * to describe
the stability behavior of the bearing.
Making similar calculations, as Example 1l above,

for the remainder of the bearings in Table XVII we have the
following data, presented in Table XVIII.
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TABLE XVIII

Stability Data

Source
No. Reference 1/d A " w *
1 (30) i 0.549 3.02 0.745
2 (30) X 1.89 4.94 0.498
3 (30) X 0.113 1.44 1.435
4 (30) X 1.33 5.07 0.416
5 (30) k 0.360 2.35 0.646
6 (30) Y 0.206 1.94 0.513
7 (31) 1 0.736 1.965 1.312
8 (31) 1 0.604 1.97 1.195
9 (31) 1 0.475 1.55 1.115
10 (31) 1 0.847 1.985 1.410
11 (29) 1 0.504 1.49 2,55
12 (29) 1 0.455 1.39 2.42

From Table XVIII it is possible to cross-plot and
average the values of A versus "C" and w;* for values of
1/d of % and 1/4 of 1. Tables XIX and XX present the re-
sults of the cross-plotted data.

TABLE XIX

Cross-Plotted sStability Data
vs "C* and u1* for 1/d=k

A A A
rc" for wy=0 for w,*=0,5 for Wy *=1,0
1 0 0 0
2 0 0.20 0.30
3 0 0.44 0.65
4 0 0.88 1.30
5 0 1.68 2.65



TABLE XX

Ccross-Plotted Stability Data
vs “"C" and ul* for 1(6-1

A A A
“c* for w,*=0 for w,*=1.0 faqr ul-l.S
1 0 0 0
2 0 0.7 0.97
3 0 1.8 0.20

The data from Tables XIX and XX are plotted in Figures
(47) and (48). The original data points from Table XVIII
before cross-plotting are also shown to provide an indica-
tion of the averaging that was necessary.

1 As an example of the use of this methed,
sonsider a case taken from Referemce (30). Thie has pre-
viously been considered in Example 11.

pearing length = 1/2 inch

Bearing diameter = 1 inch

Radial clearance = 0.0003533 inches

Mass of rotor per bearing = 0.333/386 = 0,000862
1b.sec?/in

Porce on bearing = 0.279 1lbs.

Observed whirl threshold speed = 93 cycles/sec.

Labricant is air with s = 2,65 x 10~9 reyns

The calculations were made following the pattern ueed
in Example 10, with the following results:

A = 0.549
a5 0.0380
a

¢ under static conditions at 93 cycles/sec.» 0.45

K- 672 1bs/in

t, = from Eq. (33) = 281 cycles/sec, predicted
threshold without modification.

Wow modify thie value of predicted threshold in accordance
with Bquation (34) and Pigure (47) as was done in Bxample 11l.

AL T‘ (34)

where N, = mass/unit length = (] °?° 2 = 0,001724 1bas,sec?/in?

and w =93 x 2v = 3584 radians/sec

Tie
S el 0.549

" =0.740
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Mow enter Pigure (47) for 1/4 = &, with u,* = 0,748
and A = 0,549 and the intersection will ocour very
closely to the line where ¢ = 3.

Therefore divide 281 cycles/sec fram above, by 3 and
the result will be

-’—:‘ = 93.6 cycles/sec

This would indicate that the half-frequency whirl thres-
hold was very close to the operating speed and that in-
stability would be expected.

Half-Frequency, Translatory Whirl of a Shaft in
Infinitely Long, Cylindrical Journal Bearings

For this approach we utilize Reference (34), a
doctoral dissertation by Professor V. Castelli at Columbia
Undersity. This manuscript provides an analytical evalua-
tion of translatory half-frequency whirl of shafts in cy-
lindrical, 360° journal bearings of infinite length. Al-
though it applies particularly to bearings of infinite
length, it appears to have some accuracy in predicting the
stability threshold ror shafts in very long bearings, such
as for example where 1/d values may be 2.5, 3 or larger.

It also appears to be conservative for all 360° bear-
ings of finite length providing that the eccentricity ratio
for static loads, to, is calculated for an equivalent bear-
ing of infinite length. This can be done through the use of
Pigure (11) with a unit load on the bcaring.lbs/in . corre-
sponding to that of the finite length dearing.

Thus, if such a calculation for a bearing of finite
length, let us say 1/d = 2, using the above approach based
on infinite length, showed that for the selected operating
conditions the shaft was on the threshold of instability,
the shaft would in all probability actually be stable since
it has finite length and not infinite length.

The finite length bearing has side flow and the actual
value of ¢ would be greater than ¢, as calculated for the
equivalent infinite length bearing. There would be a result-
ant improvement in the attitude angle for the finite length
bearing over the infinite length bearing and in addition
there would probably be more damping than for the infinite
case.
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All of these factors would tend to increase the
stability and raise the threshold speed over that cal-
culated for the equivalent bearing of infinite length,

The procedure is to make a plot of A versus w;* for
several values of ¢,. These curves represent the thres-
hold of instability. ¢, is computed on a static load basis.

A tabulation of the stability data from Ref. 34 is
shown in Table XXI.

A sample curve for € " 0.1 is shown in Figure (49).
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Fig. 49 - Half Frequency Whirl Stability Plot for £,= 0.1
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TABLE XXI

Stability Data From Ref. 34
for Half-Frequency, Translatory
shaft Whirl, in 360° cylindrical

Journal Bearings of Infinite Length

€, gl* A
0.1 0.838 8.016
0.1 0.826 4.004
0.1 0.819 1.996
0.1 0.750 1.0
0.2 0.98 0.9622
0.2 1.09 1.979
0.2 1.06 4.0126
0.2 1.10 8.058
0.4 1.40 0.8209
0.4 1.62 1.859
0.4 1.52 3.9754
0.4 1.52 8.110
0.6 2.14 0.5418
0.6 2.07 1.460
0.6 1.94 3.643
0.6 1.91 7.781
0.8 4.27 0.2052
0.8 4.27 0.6348
0.8 2.68 2.379
0.8 2.32 6.256
0.9 10.05 0.0722
0.9 40.1 0.2221
0.9 13.9 1.017
0.9 3.11 4.246
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3: To illustrate the use of this curve let us
calculate the predicted half-frequency whirl threshold speed
for a point of emperimental data from Ref. 29. The data are
as follows:

a4 =2 in.

1l =4in,
Vva =2

e = 0.00077)1 in.

wgt/brg = 11.01 lb/'n v-% 2.152 1b/in

" ®2,7%10  reyns (lb.sec/in®)

P, = 14.7 paia

A= 0,62

= sl < 0.00713 2;—:-#

Observed threshold speed for half-frequency whirl 3,200 RPN
or % = 335 radians/sec.
Calculated valus of LI\ from Bquation (34)

0,00077
w ¢ =233 2.792

w* = 338 Vl.ns x 1070

01' = 0.473

Now to calculate a value of ¢, for the equivalent bearing of
infinite length, turn to Pigure (11).

Value of gfy- for this bearing is zoibtdly = 0.0936
. .

In Pigure (11) with A = 0.62 and gf5- = 0.0936, ¢, is very
close to 0.1. °

Wow locate the intecsection of «,* and A in Pigure (49),
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Notice, however, that the point from Example 11, plotted
in rigure (49), is very close to the threshold line showing
that the operating condition is somewhat marginal as far as
stability is concerned. Actually, as noted previously, this
data point was identified with a measured speed of threshold
instability.

Instead of having a separate stability plot for each value
of ¢, similar to Pigure (49), it is convenient to cembine all
data points from Table XXIon a single graph as shown on Pigure (50).

It is understood that only one of these curves will be per-
tinent for any particular stability evaluation and the same con-
clusions will be valid as outlined in Example 1l1; namely, if the
calculated point falls to the left of the threshold line the
operating condition should be stable, and to the contrary, if the
caleulated point falls to the right of the threshold line operation
should be unstable.

Summary of Discussion on Half-Frequency, Translatory
gshaft Whirl

The physical explanation for this instability phenome-
non begins under Section E and describes the action of the
£fluid £ilm forces tending to drive the shaft in an orbital
fashion about the center of the bearing.

A method of analysis and prediction for rigid-shaft,
translatory half-frequency whirl is described and presented
as Equation (33). This equation applies to liquid lubricants
but has limited use for gaseous lubricants providing A is
small, perhaps less than 1/3, and if g * is relatively large,
perhaps greater than 1/2. The use of Equation (33) with a
gas bearing is demonstrated in detail by Example 10. Figure
(46) indicates the approximate error that may be incurred by
this method in predicting threshold speeds if A grows in mag-
nitude.

In BEquation (34) the stability parameter ,* is intro-
duced and then the above method of calculation for finite
length journal bearings is modified through the use of this
stability parameter, with Example 1l and Table XVIII showing
the end results. These are shown graphically in Figures (47)
and (48) for bearings of 1/d = k and 1/4 = 1 respectively.
Use of the graphs and the correction factor "C" for improved
accuracy is shown in Example 12.



Finally, a method for the prediction of half-
frequency, translatory whirl of a shaft in infinitely
long, cylindrical journal bearings for any value of A and
w,* is presented in Figure (50). This method can be
applied to bearings with 1/d ratios of perhaps 2.5 to 3.0
and larger and may also be used, with some discretion, for
shorter bearings. Example (13) and Figure (49) demonstrate
the procedure.

Conical Half-Frequency Shaft Whirl Rotating
Journal (Rigid Body Condition)

Conical, half-frequency whirl is somewhat simi-
lar to the conical synchronous resonant whirl described
earlier by Equations (20) through (31) except of course
that now the orbital frequency is about half of the spin-
ning frequency and also the spring rate instead of being k
as defined in Figure (38) is now K; as defined in Eq. (32).

Thus, like Equation (21), we will have for conical
half-frequency shaft whirl

2
fos _ 1. fKoL
2 | 2 ItS

(35)

L is the distance between bearings as shown
in Figure (40)

I g is the transverse moment of inertia of
the shaft rotor system about a diameter
(lb.in.secz)

With conical motion of the shaft, there may be gyro-
scopic moment contributions to increase the apparent stiff-
ness of the shaft, especially if the mass is concentrated
in the shape of discs or rotors. Following the direction
of Den Hartog in "Mechanical Vibrations", 4th Edition,
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McGraw-Hill Book Company, we arrive at Equation (36) for
conical half-frequency shaft whirl.

2
fes .l\/ at T (36)
2 TV2 [Ipg- 2 Ip,]
where 1 is the polar moment of inertia of the

pe shaft-rotor system.

Conical Half-Frequency Bearing Whirl (Rotating
and Non-Rotating Bearings)

Next we consider the case of half-frequency
bearing whirl. This can occur (as with synchronous whirl)
if the bearing is held in flexible supports and moves re-
lative to the spinning shaft. With translatory half-fre-
quency whirl of the bearing we have Equation (37)

K2
o~ (37)

fw
2 my,

A |

For conical whirl of a non-rotating bearing we have
Equation (38)

£ K
cb 1 2c
2 Vi, (38)
2 tb
K1
where KZC = —125— (39)

where K* is a numerical factor determined from Table XVI.
1 is the length of the bearing as shown in Fig, (41)
Iy is the transverse moment of inertia of the bearing
about a diameter.

Therefore, Equation (38) becomes



f K, 1
cb _ 1. /72

And finally, for the case of a stationary shaft and
a rotating bearing as shown in Figure (43)

£

12
slz.;\/ 2 (a1)

Let us now summarize the various equations that
apply to half-frequency whirl:

1. Translatory, half-frequency shaft whirl small
values of A - Equation (33)

2, Correction Factors, Figures (47) and (48)

3. Translatory, half-frequency shaft whirl,
infinitely long bearings - Figure (50).

4, Conical, half-frequency shaft whirl
(a) without gyroscopic action - Eq. (35)
(b) With gyroscopic action - Eq. (36)

5. Translatory, half-frequency bearing whirl, with
rotating or non-rotating bearing - Eq. (37)

6., Conical, half-frequency bearing whirl
(a) Non-rotating bearing - Eq. (40)
(b) Rotating bearing - Eq. (41)

As with synchronous whirl it is frequenly possible to
predict which mode of half-frequency vibration may be ex-
pected to occur first as the speed of a unit is slowly
raised. Far the case of shaft half-frequency whirl we may
take the ratio of Equation (33) to Equation (36)

100
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Assuming that the value of K, at translatory and conical
operating speeds is the same

3
ts
-I . 4 [It"‘ 2 Ip.] (‘2,
T my 17
2

Thus, if the right hand side of Equation (42) is greater
than one, then fc. . the conical shaft half-frequency
whirl, will occur ‘2 a lower speed than f, /2. the transla-
tory shaft half-frequency whirl. If the rzght hand side is
less than one it follows that the translatory mode will have
the lower frequency.

Repeating the calculations shown in the section on
synchronous whirl for an electric motor rotor held in two
rigid non-rotating bearings (Ref. 31), we have the following:

Weight of rotor = 17,19 1lb,

L (distance between b,aringl) = 11.75 inches
Ieg ™ 1.91 b, in.lecz

Ip. = 0,063 1b.in.sec

Substituting in Equation (42),

£ 2
ts 6311
Y] 4 1,91 - 2(0,063)]
= 1.16
fc' 7.19 x .
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The results of tests made by the authors of Ref. 31
showed that conical half-frequency whirl was observed at
a lower speed than translatory whirl as would have been
expected with a ratio °f[fts/2/fca/2] = 1,16.

For the case of a non-rotating bearing, we take the
ratio of Equation (37) to Equation (40).

Hh

tb
—2
feb
2 ,
and 9 ‘
£
tb |
feb my, 17
2

This is the same as Equation (30) for synchronous whirl
and the experimental data taken from Ref., 35 establish the
validity of Equation (43).

For the case of bearing half-frequency whirl with a
stationary shaft but with a rotating bearing we take the
ratio of Equations (37) to (41).

£
tb 1 ’Ez
2= "'5—}
2 SR (Tp-2ig)
yielding
e 2
tb K* [T~ 2 I,]
.f:: - "‘:r PP (44)
C
2 my,
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4: Experiments at the Rotron Manufacturing Company
with a stationary shaft and rotating bearing of the following di-
mensions have shown that the mode of half-frequency whirl observed
is conical. Let us substitute the particular values into Equation
(44) to see if this would have been predicted. Por a hollow cir-
cular cylinder we have the following relationships. The symbols
sre shown in Figure (52) and the schematic representation in Pig.(51):

Stationary Shaft

iy

Fig. 51 - Schematic Representation of Rotating Bearing On Stationary Shaft.
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Fig. 52 - Dimensions of Hollow Cylinder for Equations. (45) and (46).

2
SETIEE [T YL (4s)

where W is the weight of the bearing.
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]
yy = Ipb ° %5 (X" + ) (46)

0,456 in.
0.225 in.
0.342 1bs.
2.50 in.

substituting in Rquation (45)

1y = %32 IL# (0,436 + 0,225%

I,y = 0.000519 1b.in.sec?

Next, substituting in Bgquation (46)
1 = 3388 (0436 ¢ 0.226%)

Ip = 0.0001144 1b. in.eec?

The actual 1/d ratio fos this bearing is 3.33. Prom Table XVI
K* is approximately 15. sSubstituting into Bguation (44) we have

594& x 1.2%

Note: The actual length of bearing inside of cylinder is 1.25
inches therefore 1 = 1.25 and the 1/4 ratio is 3.33.

ot

* 1,15

8o that the translatory mode would occur at a higher speed than
the conical mode.This was cbserved experimentally.

Por this bearing then:

£
_%-,/m .1.778

This would mean, £ = 1,70 x £

BTy

Next let us attempt to predict the actwal whirl threshold
speed for this bearing, using the metbod invelving Pigure (50).
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1t If the bearing of Example 14 has a diametral
clearance of 0.00066 inches and the actual bearing bore is 0.375
inches, using air as the lubricant, what would be the predicted
threshold speed for initiation of conical, half-frequency whirl?
Por correlation with analytical prediction, we have a measured
threshold of 3900 RPM.

Let us consider a ¢ eed 0227200 RPM. Assuming the viscosity
of air as 2.7 x 10”7 1bs.sec/in*, then from Equation (1)

2
A= %(%)

va %oﬂ - 32‘;2—00 = 755 rads/sec.

-9 2
Therefore: A S%2.7 "'10 ] (0- 8753)

A = 0.268

w 0,342 .
d1p,  0.375 x 1.25 x 14.7 0.0496

From Pigure (1l1), for an equivalent bearing of infinite length
with A = 0,268 and I/dlr. = 0,0496 we have ¢, *0.13.

In order to make use of the atability curves Pigure (50), it
is necessary to determine “e from Equation (34) where:

REPITY

For the case of just a simple gravity load of the rotor on
the bearing, Bquation (34) becomes:

ch
“ueeo ; - ﬁ. (34A)
Therefore

" 753}’%5 « 755 x 0.925 x 1073

01' = 0,698

In rigure (50) there is no stability curve for the calculated
to of 0.13 and it is necessary therefore to estimate the locatioa
of this line. We are interested in determining whether the value
ota; = 0,690 and A = 0,260 on Figure (50) is located to the left
(stible region) or to the right (unstable region) of the ¢, = 0.13
stability line. If we plot the point for A = 0.268,s,* = 3,698, it
would appear to fall on the estimated 0,13 stability Iine. This
would indicate that the threshold of translatory bearing whirl
would be very close to 7200 RPM. PFrom Example 12, concerning this
bearing, it was determined that conical bearing whirl would be en-
countered before translatory whirl with the following relationship:
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£ w=1.,78¢

%

Therefore the threshold of half-frequency conical whirl would be
predicted as:

- 1200 | 4050 rPM

'sg 1.78

As was stated, the measured value was 3900 RPM.
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11X, SELF-ACTING THRUST BEARINGS

Self-action thrust bearings may be of many types.
All of the usual varieties may be employed with gaseous
lubricants., These are the classical, pivoted-pad type,
the tapered land with fixed geometry, the Rayleigh step
bearing and various forms of the pocket bearing. Figure

(53).
Va4 Ve 4
1 Z Ll Titting Pod, Either
w 1 Flat or Rounded
T;“‘ el -
v
s
Z IS NNV II94 Fixed Tor
(b) Lond

L
te)

s g4

(d)

y—

Fig. 53 - Typical Forms of Self-Acting
Thrust Bearing. (Ref. 21).

In addition, the spiral

or herringbone grooved
pumping plate may be used,
which is in essence a mod-
ification of the Rayleigh
step as applied to circular
geometry. See Figure (54)
and also Figure (5), which
is reproduced for conven-
ience as Figure (55).

The choice among these
bearings will depend upon
the relative ease of phy-
sical construction, prac-
ticability of installation
in a given machine, and
ability to carry the speci-
fied loads within the limits
of available space. The
tilting-pad type of bearing
is self-aligning but does
not equalize the loads on
each shoe of the bearing.

The other types are not self-aligning and usually require some
type of gimbal, pivoted or flexible mounting to perform this
function. Many of the comments previously made for self-act-
ing journal bearings apply equally as well to thrust bearings.
Pressures are developed in the same fashion and a typical pat-
tern for a tilting pad type is shown in Figure (56). 1In a
qualitative way Figure (56) shows the difference between the
pressure rise for a compressible and an incompressible lubri-

cant. Figure (57) shows quantitative values for such a bearing.
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Fig. 54 - Grooved Pumping Plate With

Either Logarithmic or Archimedeon Spiral.

6. NERRMND-SNNE SROOVED o. SPIRAL SRNOVED

Fig. 55 - Grooved Thrust Bearings.

": oF BACK OF
BEARING LENGTH s
Fig. 56 - Comparative Pressure Distribution
for Compressible and
incompressible Lubrication.

(From Gross, Ref. 36).

Note that for high values of

A (see Eq.2)(or in this case
as the ambient pressure falls)
the center of pressure moves
toward the trailing edge or
the back of the pad. For each
such operating condition the
pivot must be located at the
center of pressure. Where the
ambient pressure or speed are
likely to change considerably
(A varies over a fairly wide
range) this would be a disadvan-
tage.

Thrust shoes made of fixed
tapered lands, Rayleigh steps
or pockets, would not be sensi-
tive to this situation.

The literature is quite com-
plete on the analysis and design
of the tilting-pad thrust bear-
ings (Ref. 11). However, they
will not be considered here be-
cause of the practical limjita-
tions imposed by the small size
of the blowers toward which this
design manual is pointed. A lower
limit on the size of a tilting-
pad thrust bearing with an equal-
izer system would be about
1) inches outside diameter. They
can, of course, be made smaller
but the cost of manufacture would
make them impractical for use in
commercially competitive equipment.

Instead, design procedures for
the spiral grooved pumping plate
will be described as shown in its
optimized form in Figure (55b).

108



| Posi428 PSIA, A= 2
2Pa=14.2% PSIA, A= 20
3Pas 3385 PSIA,A- 83
4Pas 1425 PSIA,A* 200

900 r Y 12.78
L=10CM

000 [h ~~lhy — 1,38
o

7001 p,e3x 0 Scm 258
nge1073CM

€00 | \ 052

800 7.

-
%

100 A

PRESSURE RISE ABOVE AMBIENT, PSI

N

4

— 1.42

RISE OF PRESSURE ABOVE AMBIENT, A p(GRAMMES PER SQ CM)

/
—— °
2 4 [ 8 10 12

X
) "

Fig. 57 - Gas Pressure Distribution in Flat Tilted Pad Bearing.
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This is based on the principle of the Rayleigh step bear-
ing, Figure (53c), where gas is dragged into a slot by a
moving runner. The exit end of the slot has a restrictor
or dam so that the escape of gas from the slot is retarded.
The runner continues to pump

P gas into the entrance of the

| DAM slot due to viscous drag and
AN R as a consequence the pressure
V—» in the slot builds up and the
bearing has the capacity to
carry load with a gas film
PRESSURE PATTERN separating the surface. Fig.(58).

GENERATED BY
PUMPING ACTION

Fig. 58 - Schematic Representation of
a Pumping Groove.
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Reasonably high pressures can be generated and since
the surface area on such a pumping plate-thrust bearing
is large, the load-carrying capacity is surprisingly high.

A detailed hydrodynamic theory for the spiral grooved
thrust plate has been worked out by Whipple (37). This
theory includes the types shown in Figure (55a) and (b). He
has shown that for the herringbone thrust plate the pressure
rise developed by the grooving is independent of compressi-
bility effects. For the spiral grooved thrust plate Whipple
indicates that compressibility effects do occur but the ef-
fects are not significant until the pressure rise developed
by the grooves is three or four times the ambient pressure.
For applications in normal atmospheres such limits are not
generally exceeded and as a consequence the solution of the
equations based on an incompressible lubricant may be used.
This may be measured in terms of another form of the compres-
sibility bearing parameter A . For thrust plates A may be de-
scribed as:

p =30 (3)
h“P,
where J is the radial dimension of the thrust plate.

The data show that for values of A up to 30 very little
difference is discernable between solutions for incompress-
ible and compressible lubricants as applied to the spiral
grooved pumping plate.

Dr. Boeker (38), reports on a detailed calculation for
a grooved thrust plate of this type having an outside dia-
meter of four inches and an inside diameter of 2.5 inches,
operating in air at atmospheric pressure. With a running
£film thickness of 0.0003 inch and a speed of 10,000 RPM and
using the optimized geometry recommended by Whipple, the
average film pressure developed is about 4.6 psi. With an
effective plate area of 7.65 square inches, the load-carry-
ing capacity is calculated to be about 35 pounds,

Whitley and wWilliams (39) indicate however, that unless
the plates of the thrust bearing are especially rigid, dis-
tortions and deflections of the plates will reduce the esti-
mated load-carrying capacity. Depending upon the degree of
distortion the measured load has ranged from ¥ to 3/4 of the
predicted theoretical load. Other investigators show results
ranging mostly from 3/4 up to the full theoretical value of
load.
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A, Design of Self-Acting, Spiral Grooved Thrust Bearings

A single spiral groove, as shown in Figure (54), will
produce a pressure rise and some load-carrying capacity.
However, if the design is optimized for maximum load-carry-
ing ability a multiplicity of shorter grooves will be in-
dicated. This has been done by Whipple (37).

He concludes that there should be 18 grooves of width
aj. The land width between grooves is a;. See Figure (59).

—dazn— ——.1—-1

—+—
////‘é// 7.4
b;

h

Fig. 59 - Optimized Configuration for Spiral-Grooved Pumping Plate. (37).
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Dimension ¢, is an ungrooved annulus known as the
seal belt. This corresponds to the dam or flow restric-
tor in the Rayleigh step bearing, Figure (58). In this
case, shown in Figure (59), the bearing is considered an
inward pumping surface with the direction of rotation of
the mating thrust plate cCW. 1If the direction of rota-
tion is reversed and the seal belt located toward the outer
diameter of the thrust plate we would obtain an outward
pumping thrust surface.

In Figure (59):

(6,) is the depth of the groove

(hf is the film thickness of the bearing mea-
sured between the top of the land and the
thrust face.

whipple has established that for optimum load-carrying
capacity the following relationships should be satisfied.

st
= =3, 4
- 05 (47)
a, = 1.8 a, (48)
p_ =0.,7 (49)
b+c
t
¢ = 72°

Slight deviations from the optimized parameters are
possible without too significant a change in performance.
For greater variations actual evaluations by testing is
recommended.

Two parameters for the analysis of these optimized
bearings have been developed by Whipple. They are:

T
RO (s}

1 1] “°(b+c)
I v v —r—-h > (51)
a

112



where the individual variables are described as follows:

T = thrust capacity per inch of mean circum-
ference (1b/in)

u = the linear velocity at the mean radius
(in/sec)

Values of t and 6 are given in Table XXII.

VALUES of ©

3.0

20

"o

0

TABLE XXII

Values of Spiral-Grooved Thrust
Plate Parameters, 6 and t (Ref.37

(-]
2.62
2,25
1.78
1.26
0.70

o)

oONSdOD O

_
0 20 30 40 50 60 70 80 90 10.0

VALUES of 71

Fig. 60 - Spiral-Grooved Thrust Plate Parameters from Table 20. (37).
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e 16: To illustrate the design approach established
by Whipple let us determine the load-carrying capacity of . a par-
ticular thrust bearing geometry having an outside diameter of
1.365 inches and an inside diameter of 0.420 inches. Rotor speed
3450 RPM. Rotor weight 0,388 lbs. Magnetic thrust load 0,30 lbs.
Referring to Pigure (59),

0_420.]'_ e+ b = 1.36:-0.420 - 0.473"

From Equation (49),

-—t — A -— - b= 0.7(b0ce = 0.7(0.473) = 0,3311"

or ¢, = 0.473-0.3311 = 0.142"

Mean radius r = Lv_}ﬁi _ 0.420

+ 0.210

- 1.368" — = T 0-446"

Mean Circumference = 2v )

Mean Circumference = 2v x 0.446
Mean Circumference = 2,80"

With 18 grooves, 11 + 02 - lig—o'

.1 va, = 0.1555"
From Equation (48) 1.8 a, =3
Substituting in above
1.8 a; + a; = 0,155%"

2.8 a, = 0.1555"
a; = 0.0556"
and a_ = 0.0999"

1

Now with air having a viscosity of 2.86 x 10~° reyns, we will
next evaluate the parameter t. The peripheral speed at the mean
radius is

ug = 2832 x 2v x 0.446 = 161 in/aec.
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Then in Bquation (51),

1 D\lo(b )
TTTas hh,
I 2.06:;0'9! 161 x 0.473
1.148 nd x 14.7
v = 32398 g9
h

assume h = 0.0001"

_12.98 x 10°% 12,98 x 20°°
(1:10‘3)’ 10-9

then = 1.298

and from PFigure (60) 0 = 0.454
For small values of t and 0 straight line interpolation may be

made with good accuracy since the plot in FPigure (60) is essen-
tially linear for this range of variables. PFor example,

L] piuiieieieit ity - x__ 0.7
1.298 ~ 2.0
x = %&; x 1.298

x = 0.454 = 0@

L 4
[
T
'
'
'
t
i
1
i
]
t
[
|

B

L 4
Then from Bquation (50):

o - gy,

a
T=0 (Net) LA
T = 0.454 x 0.473 x 14.7

T = 3.16 1bs/in.thrust capacity per
inch of mean circumfereace

Total thrust capacity = T x 2vr
= 3,16 x 2.80
= 8,85 1bs with h = 0.0001"
If this were the applied thrust load, them the groove depth
would be determined by Bquation (47),
‘t. 3.05 h
In this case $,= 3.05 x 0.0001
‘e. 0.0003 inches
However, it is desiradle to develop a more complete picture
of the bearing performance. This can be done by assuming different

values br h and computing the corresponding values of ¥ , @, T and
total thrust capacity, as shown in Table XXIII.
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Somputed Valyes of Thruat Capacity
h T T
inches T '] tota s
0.0001 1.298 0.4%4  1.16 8.08%
0.0002 0.3245 0.1137 0.792  2.218%
0.0003 0.1443 0.0505 0.353  0.984
0.0004 0.0611 0.0284 0.198  0.5%4
0.0005 0.0519 0.01815 0.1265 0.354
0.0006 0.0360 0.0126 0.0878 0.246
0.0007 0.0265 0.00926 0.064S 0.1807
0.0008 0.0203 0.0071 0.049% 0.1388
0.0009 0.01603 0.00%61 0.0391 0.1095

rigure (61) depicts a plot of the total load-~carrying capa-
city of such a thrust bearing. On the same plot is also shown a
superposition of two of these curves, back to back, as would be
the case with a double acting thruet bearing having a total clear-

ance (h

acting

+* ‘12) of 0.001 inches.

The configuratien of such a double
ia ls shown schematically in P! jura (62).

Consider first that we have only a single thrust bearing,
the left hand bearing. With a thrust load of 0.3 pounds the
operating film thickness would be about 0.0005 inches.

with a double acting bearing and the same emternal thrust
load the operating film thickness would be a little less because
the second thrust dearing, while not carrying any external load,
would nevertheless impose an additional force upon the thrust
face that is already carrying loed. The magnitude of this addi-
tional internal thrust load will depend upon the total clearance
designed into the double acting thrust bearing. This is the clear-

ance designated as h
built with a total c}.

+ hz inches.

Pigure (62). If a bearing is
ecarance of 0.001 inches as depicted in Pigure

(61), then the net load-carrying load-capacity of the left hand
bearing would be given by Table XXIV.

Table XXIV
& 4 €.
T total T total

h Left brg. Right brg. T
inches D, b, Net 1bs,
0.0001 8.88 0.109% 8.74
0.0002 2.21% 0.1385 2.076
0.0003 0.964 0.1807 0.8033
0.0004 0.554 0.246 0.308
0.0008 0.354 0.33%4 o
0.0006 0.246 0.554 -0.308
0.0007 0.1007 0.984 -0.8033
0.0008 0.1308 2.215 -2.076
0.0009 0.1098 8.8% -8.74

These values are shown in Pigure (63).

It should be noted that when the runner is centered in the
double acting thrust Dearing, corresponding to the case of hy= hy
in Pigure (62), the load-capacity of the thrust dDearing is sero

as illustrated om Pigure (63) for a £ilm thickness of 0.0005 inches.

If there is a thrust force of 0.3 pounds acting to the left,
in Pigure (63), the film thickness for the double acting thrust bear-
ing is 0.0004 inches. PFor the single acting thrust bearing with the
same magnitude of load the film thickness would be 0.0005 inches, as
was pointed out previcusly in comjunction with Pigure (61).

116



0 r 10
%0} 400
8.0 : 480
10} 5 {70
[ ] ] ~
‘- ] !
:2 so} g (Y 3;
gg sof . 4s8.0 §°
Qe - =
"% aof Jao .2
" g;
g';_ 30} 43.0 gz
3o ]
20} TANGENT AT 20
#=0.0008"
1.0 40

o .000! 0002 M .00'“ .00’00 000S 001
FILM THICKNESS, LEFT HAND BEARING (INCHES)

] 1 I I i Il l l L J i
T L T L] T v 1

001 DO'“ 0006 0004 0002 ]
FILM THICKNESS, RIGHT HAND BEARING (INCHES)
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Film stiffness in Spiral Grooved Thrust Bearings

Where the dynamics of the thrust bearing-rotor
assembly must be considered, it is necessary to evaluate
the stiffness of the gas film in the bearing. This stiff-
ness is defined as the rate of change of thrust capacity
with respect to change in film thickness or dT/dh, where T
is the thrust load in pounds and h is the film thickness in
inches. The units of dT/dh are lbs/in. so that we are deal-
ing with the property of the gas film that behaves like a
spring. This characteristic was evaluated earlier for the
journal bearing when synchronous whirl in its various forms
was investigated,

Referring back to Example 14 and Figure (6l), with a
thrust load of 0.3 pounds the expected film thickness will
be 0.0005 inches. If we draw a tangent to the load-£film
thickness curve at h = 0.0005 inches, the slope of the curve
will be a quasi-~static version of the film stiffness which
should be satisfactory for the determination of the dynamic
characteristics of the system in the axial direction. For
example, the slope of the tangent in Figure (61) at h =
0.000S in. is

1.15-0.354 _0.796
0.0005 0.0005

therefore 0.796

k =5 0005 = 1592 1bs/in.

The natural frequency of axial vibration can then be
estimated, knowing that weight of the rotor is 0,388 lbs.,
by using Equation (20) after substituting the appropriate
terms.

_ 1 [1592 x 386
Thus, £ =3V 0.368

f = 200 cycles/sec. (axial natural
frequency for single-acting bearing)

Now consider the double-acting thrust bearing for the
same loading and mass condition. A tangent will be drawn
to the curve at a film thickness of 0.0004 inches. The slope
of this tangent becomes

1.17 -
50008 3400 1bs./in.
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It becomes evident that the effect of the additional
thrust bearing is to apply what might be termed a "preloagd"
to the unit and in this way make the film stiffer and thus
raise the natural frequency of vibration of the rotor sys-
tem.

It follows then that:

¢ =l [3400 x 38
2% 0.388

f = 292 cycles/sec.(axial natural fre-
quency for double-acting thrust bearing.)

Using a total clearance less than 0.001 inch would in-
crease the magnitude of the "preload" and thus raise the
natural frequency of vibration.

The most complete collection of references on all

phases of gas-lubricated analysis and design is Ref. (40),
which contains 464 abstracts of papers in this field.
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IV, BEARING LOADS

The determination of bearing loads is an important
aspect of gas bearing design. The rotating mass load and
mass unbalance load are readily attainable by calculation.
However, it is also necessary to consider radial loads pro-
duced by the motor itself. Of primary concern is the mag-
netic force produced by an eccentric air gap between the
motor stator and the motor rotor.

A. Magnetic Radial Bearing loads

The three most common types of eccentricity occuring in
the fabrication of the motor are:

a. Displacement of the motor stator centerline from
the motor rotor centerline.

b. Rotation of the motor rotor around a center other
than its geometrical center.

c. A combination of (a) and (b).

- m'::§\ i -

Fig. 64 - Motor Stator to Rotor Eccentricity.
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In either of the three cases depicted in Figure (64)
the eccentricity produces an unequal air gap between the
motor stator and rotor which results in a magnetic radial
force. This force is due to an unbalance in the radial
direction of the linking of flux lines in the motor gap
region. In the case of a two pole motor, the flux lines
link the stator north and south poles through the rotor and
the stator as shown on Figure (65). The magnetic field ro-
tates at a frequency equal to line frequency. At the in-
stant of time when the stator poles are in position (65a)
there is equal linking of the flux lines through the rotor
and no radial forces exist. As the field rotates to posi-
tion (65b), due to the eccentric rotor condition, there is
an unbalance of flux lines through the rotor producing un-
balanced radial magnetic force in the direction indicated by
the vector F. The force drops to zero with an additional 90°
rotation of the field (65c) and peaks to a maximum again at
270° total rotation (65d). It can be seen, therefore, that
the magnetic radial force is a sinusoidal directional force
acting at the minimum motor air gap region at a frequency
twice line frequency. The magnitude of the force is a func-
tion of the eccentricity and can be described analytically as:

2
F=17.42 x (T50555) X D X Lyx o (52)

0° STATOR 90° STATOR 180° STATOR 270° STATOR
FIELD ROTATION FIELO ROTATION FIELD ROTATION FIELD ROTATION

Fig. 65 - Flux Lines Linking Motor Rotor and Stator for Angular Positions of
Stator Magnetic Field.
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where F = Force (peak value)-1bs.
B = Flux Density -lines per sq.in.
D = Rotor Diameter - inch.

1, = Rotor Stack Length - inch

2
o =L, [._3:72_]- 1 (53)
2y 2 1-v

== ici T i
Y ecc;“:r1°1ty(eccentr1c1ty = 2 x distance
between rotor and stator
centers) (54)

Average motor radial air gap - inch.

.

The force described by this formula is a peak value vary-
ing from zero to a maximum sinusoidally. The average force
acting on the rotor is one half the peak value (F/2).

If the case of Figure (64b) is considered, i.e. the
rotor rotating about a center other than it's geometrical
center, then the location of minimum air gap rotates about
the stator at rotor rotational frequency. In an induction
motor the rotor rotates at a frequency less than the stator
field rotational frequency. The difference between stator
and rotor frequencies is the slip frequency of the motor.

As seen on Figure (65), the radial magnetic force occurs
when the stator poles are at right angles to the point of
minimum motor air gap. This point of minimum motor air gap
is rotating at slip frequency in relation to the stator field
rotation, and therefore the radial magnetic force rotates at
slip frequency.

The most common type of eccentricity encountered in
electrical motors is a combination of both displaced rotor
and stator centerlines and rotation of the rotor sbout a
center other than its geometrical center. The resultant force
varies in magnitude at slip frequencies from a maximum when
both eccentricity effects are additive to a minimum when
both effects are subtractive.
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The significance of these forces can be showm im the
following example for a 2 pole, 60 cycle inductiom motor:

Motor Length (L) = 1.250 inch

Motor Diameter (D) = 0.923 inch

Flux Density (B) = 25,000 lines per inch
Average Motor Air Gap (2) = 0075 imch
Eccentricity due to misaligmment of rotor amd
stator centerlines = _001 TIR (inclh)

Ronout of Rotor O.D. to Bore = 0005 TIR (inch)
Total Eccentricity = 0.001 + 0.005 = 0.0015

Exzmple 17:
From Bgeetion (52) F = 17.42 tpgfggpdix D x I x ¢

| - .1-7———. ‘“15 -A’:(.."S = 0.1 max.

. 00005

min 'mOO.O” min.

25 2
-17. - -
Foax =1} a(—’—“’) x 1.250 x 0.923
r

2
t 3 lz-gg,u
701 * g2 2 W
Foan * 0.793 pomnds (pesk)
ATy = 0.397 pounds
Fujn = 0-261 pounde
Avg.loin * 0.131 pounds
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Another candition that can be encountered in
electrical motors is the non-parallelism of the stator
and rotor centerlimes. As shown on Figure (66) this con-
dition creates an eccentric air gap at one end of the
rotor 180 degqrees out of phase with the eccentricity at
the other end of the rotor, thus producing a moment on the
rotor. As can e seen from Bquation (S2), the magnetic
force dus to motor air gap eccen~
tricity varies directly with hoth

S Yz

For low eccentricities, at least
below .004 inch TIR,c can be as-
sumed to vary directly with the
eccentricity. Table 1 presents

L x

tricity for Example 15 and indi-
Fig. 66 - Moment! Pradisced! By a straight lime relationship be-

Now-Farallel Motor Rotor ad! tween force and eccentricity to
Stator Centerlines. eccentricities of .004 inches.
TABILE I

Eccentricity of

Motor Rir Gap Magnetic Force

T I B, (im) (peak) Pounds

0005 ~2611%
.001 52632
0015 - 73300
-0020 1.0657
003 1.6354
004 2.2630

Considering that the magnetic force veries directly
with rotor lemgth and eccentricity from Pigure (67),the
average eccentricity from (2) to (B) is apey/i. The farce
(rp,) at one end of the rotor therefore is:

a

- 17 B 1 max _F
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the rotor length and the parameter ¢



The location of this force is two thirds the distance
from (a) to (d) or 2/3 x 1,/2 = lm/3.

The force F is a peak to peak value. Therefore the

average force = 1/2 x F/4 = F/8. The total moment be-
comes

Fl
Moment (in.lbs) = F/8 x 2/3 ]m = ﬁm

where F = Force at max. eccentricity (lbs)

pu
a F—%———'

Fig. 67 - Magnetic Force Producing Moment Diagram.

c 64
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